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Abstract

The new contra-rotating turbofan architecture leads to a substantial reduction of
the pollutants and the noise emission of civil aircrafts. This architecture is based
on two shorter fans, rotating in opposite direction at lower speed. Due to the
mechanical link between the fan and the low-pressure compressor, its speed is also
reduced. In order to keep the pressure ratio constant, without weight increase,
the low-pressure compressor stages are designed with an unusually high loading
coefficient and flow coefficient, which leads to a reduced stability margin.

The purpose of this thesis is to present a complete characterization of the first
stage of the low-pressure compressor for the new contra-rotating turbofan architec-
ture in terms of global performance, unsteady flow field and instability phenomena.
This work will be the basis for future research in this field, considering the low
number of publications on low-pressure compressors and the absence of references
concerning the low-pressure compressor of contra-rotating turbofans. The char-
acterization is performed on a half scale model in the VKI R4 test facility. This
facility is a closed loop, high speed compressor rig, allowing the investigation of the
influence of the Reynolds number on the performance. The effect of a circumfer-
ential groove casing treatment on the performance, the stability and the unsteady
flow field is studied. The measurements are compared to numerical simulations
from various CFD codes using various turbulence models.

The very small size of the blades imposes a high level of miniaturization of the in-
strumentation, particularly challenging in the case of the unsteady measurements.
The global performance of the compressor is derived from the steady conditions
upstream and downstream of the stage at four operating points, from choke to
near the stability limit. The simultaneous acquisition of the casing wall static
pressure and the total pressure downstream the rotor allows a visualization of the
tip leakage vortex in the three dimensions. The data processing developed for this
visualization includes the phase lock averaging and a specific interpolation method
taking into account the various phenomena driving the flow in these regions.

The performance of the compressor shows an important reduction of the pres-
sure ratio between design and near stall conditions, caused by a flow separation
along the suction side at the hub of the blade, typical of hub loaded compressor
characteristics. At near stall conditions, the pressure defect region due to the flow
separation covers 35% of the rotor pitch. The investigation of the instability in the
compressor shows a modal stall inception process confirmed by several elements.
The unstable regime is a rotating stall caused by the large separation at the hub of
the blades. The stall cells’ configuration in the compressor is completely unusual,
with a single full-span cell splitting in multiple full-span cells, equally spaced and
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of equal size. In the single cell configuration, the stall cell covers 80% of the cir-
cumference. The non tip-critical aspect of the compressor makes the effects of the
casing treatment on the mid-span performance and on the stall margin negligible.
Nevertheless, the casing treatment induces a reduction of the blockage in the tip
region when the origin of the tip leakage vortex is located upstream the casing
treatment.
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Chapter 1.

Introduction

1.1. European Aircraft-Engines Developments

The prediction of the evolution of the global air traffic announces an annual growth
of around 5% corresponding to an annual increase of 3% of the COs emissions. This
leads to an important increase of the impact of air traffic on the environment as
well as on human society. Nowadays, the major challenge of the European aviation
industry is to cover the growing demand of economical and safe air travel and, at
the same time, to reduce the global impact of air traffic on the environment. These
objectives will be reached via a permanent improvement of the aircraft technologies
based on a long-term view.

In the Strategic Research Agenda (SRA) published in 2002, the Advisory Coun-
cil for Aeronautical Research in Europe (ACARE) describes the requirement of
research for the aeronautic industry for 2020. The SRA identified five major chal-
lenges to be investigated: Quality and Affordability, Environment, Safety, Air
transport System Efficiency and Security. Concerning the environment, ACARE
fixed, amongst others, the following objectives for the overall air transport system,
including the engine, the aircraft and operations:

e Reducing fuel consumption and C Oy emissions by 50%, with 20% for the
engine alone,

e Reducing perceived external noise by 50%, with 6 dB per operation for the
engine alone by an improvement of the engine acoustics,

e Reducing NOx by 80%, with 60 to 80% for the engine alone by improving
the burner technology. [107]

During the last thirty years, the common tendency of the commercial aircraft
turbofan design improvements has been to increase the bypass ratio (BPR), leading
to a reduction of the fuel consumption by improving the propulsive efficiency 7pr0p-
The propulsive efficiency is given by [100]:

TNprop = - 1.1
e =T (1.1)
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where V; and Vj are respectively the velocity of the engine exhaust jet and of the
aircraft. To achieve a 100% efficiency the two velocities should be equal. The
aircraft thrust Fy (based on Newton’s 2"? law) is given by:

Fy =1 (V; — Vo) (1.2)

with 7 is the mass flow of the engine exit jet. An engine producing thrust requires
a velocity ratio % superior but close to unity. As a consequence, a higher By-
Pass ratio for a constant thrust engine allows a reduction of the velocity difference
due to the increase of 7, and thus an improvement of the propulsive efficiency.
Furthermore the increase of the BPR has a strong reduction effect on the two
major contributors of engine noise: the fan noise and jet noise. As explained
above, the use of a higher BPR allows a reduction of the jet velocity, which is
the main factor of jet noise. This reduction is attained by decreasing the pressure
ratio of the fan, which is achieved by a reduction of its rotational speed, main
factor of fan noise. Currently the increase in BPR has reached its limit in terms of
reduction of fuel consumption [2]. Although a higher BPR offers a clear reduction
in specific fuel consumption, it also leads to a significant increase of engine weight
as well as of nacelle and installation drags. The optimum BPR must be found
between the benefit in terms of fuel consumption provided by a higher BPR and
the penalties in terms of weight and drag. Based on available technologies this
optimum is currently around 7 to 9. Because of this limitation the objectives fixed
by ACARE 2020 cannot be reached by the on-going evolution of technologies,
and therefore requires a decisive breakthrough in technology. This breakthrough
should allow developing a new set of technologies for producing very high By-
Pass ratio (VHBR) engines, reducing noise emissions and fuel consumption of the
engines with minimal engine drag and weight penalties. This is proposed in the
VITAL project.

The FP6 European research project VITAL (enVIronmenTALy friendly aero-
engines) is aiming at a breakthrough in low noise and low emission engine archi-
tectures. The main objectives of VITAL are to develop and validate radical and
innovative engine structures and architectures that alone will provide a:

e 6 dB noise reduction per aircraft operation,
o 7% reduction of CO5 emissions.

compared to engines in service prior to 2000 such as the CFM56/7 and the Trent
T72B.

These objectives are achieved by developing and validating novel lightweight and
low noise technologies for commercial aircraft engines and thus providing a key step
towards achieving ACARE environmental goals in terms of C'Oy and noise. As the
weight increase is driven by the evolution of the low-pressure system components,
due to the changes in the engine diameter, VITAL focuses on these components
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with the objective of reducing the weight of every low-pressure component by 25
to 30%. The main objectives of VITAL will be achieved by the developement
of the following innovative technologies: new high- and low-speed low-pressure
compressor concepts and technologies, lightweight structures using new materials,
low-pressure turbine technologies for weight- and noise reduction, advanced low-
pressure torque shaft and overall engine assembly. These technologies are therefore
applied to three different innovative fan architectures:

e Low speed fan for Direct Drive Turbo Fan (DDTF)
e Low speed fan for Geared Turbo Fan (GTF)
e Low speed contra rotating fan for Contra-Rotating Turbo Fan (CRTF)

Fig[T3] presents these three architectures designed, manufactured and rig scale
tested in the VITAL project as well as the various new technologies developed and
investigated. Some of these technologies are generic and usable in the three engine
types, while others are specific to one or other of the architectures.

) FanIIG_V DDTF fan
interaction Low:Speed
booster
Noise optimised {.‘"h ——
VHBR f PO ariable
ki ‘ e Nozzle
Lightweight Low noise OGV
containment case
Lightweight
structures
High Speed
High Torque booster
shaft
Low Noise
Turbine
CRTF fan
Lightweight
Turbine Low Speed
booster

Lightweight
Nacelle

CR Turbine study

Applicable to all 3 Specific to a VITAL
VITAL engine concepts engine concept

Figure 1.1.: Innovative VITAL engine architectures and developments (generic and
specific to the type of engine) [2].

The DDTF is typically the current double shaft and double flow engine archi-
tecture. The improvement of the competitiveness of this architecture is mainly
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based on a very high By-Pass ratio low-speed fan with high aerodynamic load-
ing, coupled with variable nozzle technology, including intensive use of lightweight
material.

The GTF is based on the use of a speed reduction gear on the low-speed shaft
of a two-shaft engine, with the fan on the low-speed side, and the low-pressure
compressor and turbine on the high-speed side [113]. Decoupling the fan rotational
speed from the booster and low-pressure turbine speed gives an additional degree
of freedom in the optimization of the aircraft engines. Indeed, as presented above,
the fan speed in a VHBP is reduced, entailing a speed reduction of the low-pressure
compressor and turbine. The conversion of shaft power into potential energy for
the compressor, and inversely for the turbine, at lower rotational speed requires a
larger number of stages. Additionally, the torque transmission requirement for the
low-pressure shaft increases. This induces an increase of length, weight and cost
of the low pressure part of the engine. By means of a Fan Drive reduction Gear
System the fan speed is decoupled from the rest of the low-speed shaft, allowing
the low-pressure compressor and turbine to run at higher and more appropriate
speeds. The additional weight of the gear system is more than offset by the
reduction of the number of stages of the low-pressure turbine compared to a direct
drive turbofan.

In a CRTF two fans are rotating in opposite directions instead of one, as
in the conventional aircraft engine architecture. These fans are driven by a
contra-rotating low-pressure turbine, entailing a three-shaft architecture. The low-
pressure compressor is coupled with the downstream fan. This configuration allows
a reduction of the rotational speed of the fans as well as a reduction of the tip fan
radius, inducing a decrease of the fan tip speed, which is the main contributor of
the fan noise. As in VHBP engine the fan noise is the predominant noise source
since there is a reduction of the exhaust jet noise. This fan configuration leads
to an important reduction of engine noise by a decrease of the fan noise. The
reduction of the fan rotational speed for the same aerodynamic loading is roughly
30% compared to a conventional engine architecture. In terms of emissions this
configuration introduces a reduction of the engine size, owing to the moderate
tip fan radius, implying a reduction of the engine weight and drag. This leads
to a decrease of the engine consumption and thus of emissions. This new set of
technologies and innovative architectures will enable the aero-engine industry to
achieve the ACARE 2020 objectives by the use of VHBR engines (BPR =9 - 12)
operating with a significant reduction in both noise and fuel consumption. Figure
shows the evolution of the noise emitted by the aircraft engine in function of
the By-Pass ratio. The trend is clearly to increase the BPR in order to reduce the
engine noise. The C'RTF architecture presents a similar reduction of the noise for
a lower BPR thanks to the reduction of the fan tip radius. Figure shows the
fuel consumption in function of the BPR. An optimal BPR giving the minimum
fuel consumption is observed. This optimum corresponds to the best balance be-
tween the propulsive efficiency improvement by the increase of the BPR and the
drawback of the engine weight and drag increase due to the increase of the fan tip




“thesis” — 2012/12/11 — 8:48 — page 5 — #19

1.1. European Aircraft-Engines Developments 5

NOISI%_){pumulnﬁve - EPNdB)
A - H

ok
+ ¥ :
", R - REEEREMGELEYEL ..o

K DDTF
+» CRTF :
SB el
S0 e g

4 8 12 BPR 4

Figure 1.2.: Noise evolution in function of the By-Pass ratio.

radius. This optimal BPR is actually around 9 but the development of the various
technologies considered in the VITAL project will allow raising this optimum to
around 12.

Currently, another architecture of aircraft engine presenting a high potential
for fuel consumption reduction is investigated. It is the open-rotor. In this ar-
chitecture, the fan is not enclosed within the nacelle, leading to a high reduction
of the size of the latter. This allows an important decrease of the weight of the
engine and of its drag, meaning a 25 — 30% reduction of the engine’s fuel. This
architecture can be improved by the use of a counter-rotating fan, allowing an in-
crease of the engine’s effective thrust, via a reduction of the swirl of the air leaving
the fan, and a reduction of the noise via a reduction of the engine’s rotational
speed. Nevertheless, several challenges are associated with the development of the
open-rotor architecture. These challenges are: the noise, the safety of the passen-
gers, a limited fly velocity, the very diameter of the fans, and the accessibility and
maintenance issues.
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Figure 1.3.: Fuel consumption evolution in function of the By-Pass ratio.

1.2. The Challenge of Low-Pressure Compressors for
Contra-rotating Turbo Fan Architecture

The innovative engine architecture CRTF is based on the use of two contra-rotating
fans with a lower rotational speed compared to a classical engine. This charac-
teristic has a strong influence on the low-pressure compressor, or booster, located
downstream the fans. The first consequence of this architecture on the booster
comes from its mechanical coupling with the downstream fan. The reduction of
the rotational speed of the fan induces a lower rotational speed for the booster.
This implies a decrease of the pressure ratio reached by the booster under equiv-
alent conditions. In order to keep the pressure ratio constant, two solutions exist.
The first one is to increase the number of stages of the booster. This solution
induces an increase of both the length and the weight of the booster, leading the
an important increase of the weight of the engine. This leads to an increase of
the fuel consumption, a result contrary to the objectives of VITAL. Furthermore
it also implies an increase of the production cost of the engine. The second solu-
tion is to keep the same number of stages for the booster, with a higher loading.
This solution allows the booster to perform an equivalent pressure ratio as in a
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classical engine at lower rotational speed, without any cost or fuel consumption
penalty. With this solution and for the same pressure ratio, a CRTF booster
presents a much higher loading coefficient, 1 = AH/U?, as well as a higher flow
coefficient, ¢ = V, /U [51]. Figure [1.4] shows the evolution of load- and flow coeffi-
cient in comparison with a typical 4-stage booster design as state-of-the-art in the
years 2000 (SoA2000). An advanced 3-stage high-loaded booster with identical

\ Leis gl \ p
)
N\ \ \ \ e
r=80% 85% 90% =95% i //' \
1,5 stage i
‘

VKI bench [
150% - !
/

II. High flow -
High load

": 105%
—
I
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<] g
-
/ 110%
80% 100%
85% jj

Vx/U

Figure 1.4.: Phi/Psi diagram of booster stages.

pressure ratio as the CRTF booster are presented. The positioning of the CRTF
booster design is in an unusual region of very high load and very high flow coef-
ficients. The parametric curves show a slight reduction of the deceleration (r =
(wa/w1)/(wa/w1)s042000) for the CRTF booster. This induces a lower staggering
of the blades and relatively higher axial chords.

The second consequence is the reduction of the aspect ratio. Being located after
two fans instead of one, the mean radius of the CRTF booster is higher. This
allows an increase of the circumferential speed of the blades and thus a slight
reduction of the load factor. The higher mean radius implies a higher hub/tip
ratio for the same mass flow. CRTF booster blades have therefore a lower aspect
ratio.

The high loading of the booster for the CRTF architecture induces a limitation
of the stability range of the compressor as well as a decrease of its efficiency. The
high loading leads to a higher risk of flow separation, and thus a reduction of the
stability margin of the compressor, and to an increase of the secondary flows in the
stage [90], associated with a reduction of the efficiency. This efficiency reduction
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is further aggravated by the high sensitiveness to the secondary flows of stages
characterized by low a aspect ratio.

One of the challenges of the development of the innovative counter-rotating tur-
bofan architecture is thus the design of the low-pressure compressor. The booster
has to reach, at lower rotational speed and lower aspect ratio, the same pressure
ratio with acceptable efficiency and stability margin.

1.3. Objectives and structure of the thesis

The present work is a large investigation of the characteristics of the first stage
of a booster, typical of the new contra-rotating turbofan architecture. Today, the
number of publications about the stability, performance and aerodynamics of the
low-pressure compressor for conventional turbofans is really limited. And there
are no publications on the low-pressure compressor for a CRTF with high ¢ and
¢. This thesis will thus compensate this lack of references on the subject.

The first part of this work was the installation of the experimental setup. This
includes the refurbishing and the modernization of the VKI-R4 facility that was
unutilized for 20 years. It comprises also the development of all the specific in-
strumentation and the post-processing procedures for the data reduction.

The global performance and the stability limit of this particular design, char-
acterized by a high load coefficient, a high flow coefficient and a low aspect ratio,
are determined experimentally.

A detailed experimental survey of the unsteady phenomena occurring in the
blade passage of the rotor row has been performed. The importance of these
phenomena comes from their weight in the loss generation in the compressor and
thus their big influence on the global performance of the stage. Furthermore, these
phenomena may be at the origin of the instability of the compressor. A particular
attention is given to the tip leakage vortex.

The investigation of the influence of the use of a circumferential groove casing
treatment on the global performance and on the tip flow field is presented. This
investigation is based on the comparison between the experimental data acquired
with the smooth casing and the casing treatment configurations. This allows a
better understanding of the effect of casing treatment on the flow field in order to
help the design of the future casing treatment.

The experimental data are compared with the results of numerical simulations
performed with two CFD codes with various turbulence models. This allows to
assess the numerical capability to predict the global performance, the stability
limit, the unsteady phenomena and the effect of an axisymmetric casing treatment
in a low-pressure compressor.

Chapter 2 gives a review of literature concerning the various concepts and phys-
ical phenomena addressed in this thesis. The works previously published about
secondary flows in compressors, stability problems of the compressors and casing
treatments are summarized.
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The various experimental test campaigns, which are the core of this work, were
performed in the VKI-R4 test facility. The latter is described in chapter 3. Fur-
thermore, this chapter presents the details about the test section, the conditions
of the various tests as well as the parameters of the numerical simulations used for
the comparisons.

The establishment of the overall performance of the compressor is presented in
chapter 4. Firstly, the instrumentation used is described. The global performance
of the compressor as well as the stability limit under cruise and take-off conditions
are detailed. And finally the effect of the casing treatment on the performance and
the stability of the compressor is shown. The experimental results are presented
simultaneously with the numerical simulations.

Chapter 5 presents the results of the investigation of the unsteady flow field
around the rotor. The tip leakage vortex path is characterized by using a combined
visualization of the unsteady casing-wall static-pressure and the total pressure
downstream the rotor. The effect of the circumferential groove casing treatment
on the unsteady flow field is detailed. In this chapter, the importance of the hub
corner flow on the blockage is evidenced.

In chapter 6, a complete characterization of the stall phenomena occurring in
the compressor is presented. After a description of the specific instrumentation
used, the stall inception mode is described. Then, the geometrical characteristics
of the stall cells as well as their evolution in time is detailed.

This thesis is completed with chapter 7, which comprises the main conclusions
of this work.
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Chapter 2.

Literature Survey

2.1. Secondary Flows in Compressors

As set out in the previous section, the booster blades of a CRTF architecture are
characterized by a lower aspect ratio and a high loading. As mentioned above,
these two parameters have a strong influence on the stability and the overall per-
formance of the stage through an increase of the importance of the secondary
flows.

In a turbomachines, secondary flows are generated by the presence of the end-
wall boundary layers and the turning of the flow in the blade passage [97]. Sec-
ondary flows are relatively minor flows, superimposed to the primary flow. The
two main factors inducing the secondary flows in a turbomachine are:

e the presence of a clearance between the blade and the casing, in the case
of an un-shrouded rotor or stator, allowing a flow leakage from the pressure
side to the suction side of the blade, inducing the tip leakage vortex.

e the viscous boundary layer of the fluid along the endwalls, causing an im-
portant modification of the flow direction in the boundary layer. This leads
to the appearance of various secondary flows and vortices. One consequence
of these secondary flows is the hub corner separation or hub corner stall.

The tip leakage flow and the related vortex as well as the hub corner separation
are the principal phenomena causing the deterioration of the overall performance
of a compressor. The blockage they introduce is responsible for a limitation of
the maximum pressure-rise and mass flow reached by the compressor. The mixing
related to the presence of these phenomena leads to the generation of entropy,
inducing a decrease of the efficiency. Furthermore, the tip leakage- and hub corner
flows may drive the compressor to an unstable regime like rotating stall and surge.
Since instability can lead to a dramatic deterioration of the pressure rise, and
in some instances to the destruction of the compressor, a stability margin is a
prerequisite. In case the initial margin would be too small, it can be extended by
using various technologies like the casing treatment.
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2.1.1. Tip Leakage Vortex

Turbomachines are composed by a series of fixed (stators) and mobile parts (ro-
tors). Mechanical contacts between these two parts in relative motion are to be
avoided at any time. Indeed, such contacts may lead to substantial damage of
the blades, introducing an important deterioration of the machine performance
and, in the worst case, its total destruction. A clearance between the tip of the
rotor blades and the casing wall is hence always present in a turbomachine. This
clearance is called the tip gap. The height of this gap has to be high enough to
guarantee a positive gap at every operation of the engine. Indeed in an aircraft,
the engine is submitted to important transient regimes at start-up, strong acceler-
ations or landing. During these operations, the thermal and dynamic responses of
the different parts of the engine (casing, rotor blades, disk,...) are different. This
induces a variation of the tip gap between 0.5 and 3.5% of the chord [37].

On the other hand, the presence of the tip clearance has a positive impact on
the flow in the tip region. A tip gap and the related leakage flow allow a decrease
of the separation occurring at the tip corner of the blade (Cumpsty [22]). The
phenomenon of corner separation will be presented in section The positive
effect is increasing with the size of the gap.

Nevertheless, the tip clearance introduces blockage and mixing processes that
lead to a deterioration of the performance and stability of the compressor, and the
negative effect is depending on the clearance height. This is illustrated on Fig[21]
from Tan [I06]. The performance map of a high-speed six-stages compressor is
presented for a tip gap varying between 1 and 3.4% for all rotors. At nominal
speed, an increase of the tip gap introduces a dramatical drop of pressure-ratio of
10% for a tip gap height variation of 1 to 2%, and of 25% for a variation of 1 to 3.4%.
In terms of efficiency, the variation of the tip gap from 0.3 to 0.7mm seems not to
influence the compressor. However, for a tip gap of 1.1mm the efficiency is 2.5%
lower. Furthermore the stability margin is considerably reduced by increasing the
tip gap. The stability limit corresponds to the stable point at the lowest mass flow
before an unstable regime, as it will be presented in section Since an unstable
regime has to be absolutely avoided, in order to preserve the engine integrity, a
security margin, called stall margin, is taken between the operating point and the
stability limit. On Fig[2.1] the stability limit is moved towards higher mass flows,
inducing a significant decrease of the stall margin. A large tip gap leads clearly to
a considerable deterioration of the aerodynamic performances of the compressor.

The determination of the nominal tip gap is then a compromise between the
mechanical constraints for the preservation of the engine integrity and the conser-
vation of a high aerodynamic performance of the compressor. From an aerody-
namic point of view there is an optimum size, balancing the favorable impact of
the leakage flow on the corner separation and the loss induced by this flow. For
small size blades this optimum is generally lower than the mechanical constraints
of the compressor, and the effect on the corner separation is then generally not
considered. The nominal tip gap height is about 1% of the blade chord in modern
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Figure 2.1.: Tip gap effects on the overall performance and stability of a high-speed
six-stage compressor [106].

low-pressure axial compressors. A last point concerning the tip gap height is its
evolution with the engine operating time. The wear and tear of the engine during
its life results in an increase of the tip gap with the number of cycles of the engine.
This leads to a deterioration of the overall performance of the engine. A regular
overhaul of the engine is thus required.

The influence of the tip gap on the overall performance of a rotor is due to
the scraping vortex and to the tip leakage flow. The scraping vortex is caused by
the relative motion between the blade and the casing wall boundary layer. This
induces a blockage of the annulus casing wall boundary layer, located outside of
the tip gap by the pressure side of the blades and its deviation into the scraping
vortex. The tip leakage flow is a kind of jet, developing through the tip gap,
driven by the pressure difference between the pressure side and the suction side
in the tip region. At the interface between the leakage flow and the main flow at
the outlet of the clearance, the two flows have a different velocity direction with
similar intensity, inducing the presence of a thin vortex sheet between them. This
vortex sheet rolls up to create the tip leakage vortex. The onset of the vortex
occurs at the location of the highest loading, meaning the highest vorticity of the
sheet [58]. Figure shows the tip leakage flow and its resulting vortex. Among
the two vortices presented above, the tip leakage vortex is the predominant factor
of the loss generated in a rotor.

The negative impact of the tip leakage flow and the vortex on the global per-
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Figure 2.2.: Tip leakage flow and resulting vortex from [58].

formance of a compressor as well as the parameters influencing the importance
of this impact have been intensively studied in the last 55 years. In 1954, Rains
[89] has presented a theoretical and experimental study of the tip clearance flow
in an axial compressor. In his thesis, Rains already pointed out the losses induced
by this flow and the resulting vortex system. According to Lakshminarayana [67]
the tip region contributes for a third to a half of the losses in turbomachinery.
The substantial character of the contribution of the tip clearance flow in the losses
brings some comprehension of its interaction with the main flow, as well as some
knowledge of the parameters influencing its contribution. The loss of performance
in the tip region due to the tip leakage flow are caused by three phenomena: a
reduction of the work in the tip region, entropy generation in the mixing region
between tip leakage and mainstream flows, and a blockage in the blade passage
induced by the tip leakage vortex.

The decrease of work at the blade tip occurs because the blade loading drops
off towards the tip [30] due to the pressure-rise reduction by leakage from the
pressure side to suction side. This pressure-rise reduction is explained by the
leakage flow velocity. The leakage velocity is defined as the component of the
relative flow velocity normal to the blade surface at the exit of the tip gap, Wi.
The amplitude of Wy is directly depending on the pressure difference between
pressure- and suction sides. Thus, Wy is low at the trailing- and leading edges and
maximum between 25 and 50% of the axial chord. On Figl2.3] Lakshminarayana
[66] shows that the presence of the leakage velocity leads to a deviation of the flow
away from the blade. The turning in the tip region is consequently lower than in
the main flow as well as the work performed in this region. This work shortage
leads to a decrease of the global pressure ratio carried out by the blade row.
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Figure 2.3.: Velocity triangle in the tip clearance [66].

A second source of performance loss due to the tip leakage vortex is the entropy
production by the mixing phenomenon. This phenomenon is occurring at the
interface between the tip leakage flow jet and the main flow on the suction side of
the tip gap. These two flows have more or less the same velocity magnitudes but
totally different directions. This induces a mixing process leading to an increase of
the entropy and hence a loss. According to Denton [29] the total entropy produced
in this mixing process is a function of the tip leakage flow rate and the flow velocity
difference between the two blade surfaces. The high interaction between the tip
leakage jet and the main flow leads to a very high turbulence level at the flows’
interface.

The tip leakage flow and the related vortex introduce an important blockage
phenomenon in the tip region. The blockage is defined as a reduction of the
effective flow passage area, induced by a velocity deficiency. Khalid et al. [6I]
presented the blockage as similar to the displacement thickness related with the
boundary layer. In the case of blockage, the velocity component considered for
the calculation is the one in the direction of the main flow and the integration
is performed over the defect region. This region is defined based on the velocity
gradient.

On Fig2.1] the influence of the tip gap size on the overall performance of the
compressor is clearly visible. In order to understand this influence it is funda-
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mental to know its effect on the flow field. In 1989, Inoue and Kuroumaru [58]
investigated the wall static pressure distribution above a single rotor as well as
its fluctuation. The measurements were performed with a movable high-response
pressure transducer, and a phase-locked method was applied to the pressure sig-
nals. The authors showed the presence of a low-pressure zone along the blade
suction side as well as a trough of wall pressure starting at the low-pressure zone
and extending downstream in the flow passage. The low-pressure zone corresponds
to the onset of the rolling-up of the tip leakage vortex, and the vortex axis is aligned
with the center of the trough in the wall pressure. Inoue and Kuroumaru observed
that an increasing tip gap leads to the position of the low-pressure zone moving
downstream. These observations were confirmed by the work of Storer and Cump-
sty [102] in 1991. They compared the experimental and numerical endwall static
pressure distribution of a linear cascade, Fig[2.4l On this figure the movement

predtion —

a) zero lip clearance . b} 2% of chard tin clearance ol 4% of chord lip clearance

Figure 2.4.: Casing wall pressure coefficient of a rotor in a multistage axial com-
pressor for different tip gap size [102].

downstream of the leading edge of the low-pressure zone in function of the tip gap
size is clearly visible. Using a flow visualization by means of oil they observed the
coincidence of the tip leakage vortex with the pressure trough at the casing. Using
a comparison between experimental and computed data Chen et al. [I7] showed
the independence of the tip leakage vortex direction from the tip gap. The effect
of the tip gap clearance on the overall performance was presented by Khalid et
al. [61]. They determined numerically the blockage in the tip region, in the hub
region and over the full span in a low-speed compressor for clearances equal to
1.4 and 3% of the chord. The blockage in function of the mass flow is presented
in Fig[2.5] The growth of the total blockage due to a clearance increase is clearly
related to the tip blockage rise.

The amplitude of the velocity of the leakage flow is directly linked to the pressure
difference between the two sides of the blade in the tip region, i.e. the tip blade
loading. The leakage velocity follows the pressure distribution along the blade.
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Figure 2.5.: Influence of the clearance on the blockages in a low speed compressor
[61].

Typically, at design point, the leakage velocity has a small amplitude near the
leading edge, reaches a maximum value between 25% and 50% of the chord and
then decreases to the trailing edge. This velocity distribution is shown by Storer
and Cumpsty [102]. The tip loading is depending on the design of the blade as
well as on the operating flow coefficient. The impact of the flow coefficient on the
vortex path is very important. Chen et al. [I7] presented a comparison between
experimental and numerical tip leakage vortex paths for various flow coefficients
from design to stall point. They observed that an increase of the loading leads
to a movement of the vortex away from the blade suction surface. Lu et al. [78]
explained this behaviour by the fact that the interface between main flow and tip
leakage flow results from a balance between the momentum of these two flows. The
reduction of the flow coefficient induces a reduction of the main mass flow and an
increase of the tip leakage due to the higher loading. The result is a movement of
the tip leakage vortex towards the leading edge plane. In 2006 Bergner et al. [9]
investigated the tip vortex path of a transonic axial compressor. They established
the static pressure field by using high frequency response pressure transducers.
The ensemble average wall pressure at design and near stall are presented on
Fig[2.6] The tip leakage vortex path is indicated by the dashed line. The origin
of the tip leakage vortex corresponding to the low-pressure zone moves upstream
with increasing loading. At design operating point (on the right hand side) the
origin of the tip leakage vortex corresponding to the low-pressure zone is located
at around 15% of the chord. Near stall (on the left hand side), the origin is located
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Figure 2.6.: Wall static pressure field of a transonic axial compressor under design
and near stall conditions [9].

at the leading edge of the blade. The increase of the blade loading leads to an
upstream displacement of the vortex origin. The increase of the inclination of
the vortex towards the leading edge plane, as presented by Chen et al., is also
observed. The influence of the increase of the loading on the total blockage in
the flow passage was discussed by Tan [106]. In the case of a small clearance, a
reduced flow coefficient induces mainly a growth of the suction surface boundary
layer leading to the development of the corner separation. For larger clearances
a high loading leads to an increase of the tip blockage related to the tip leakage
flow.

In the compressor performance map given in the introduction to this section,
Fig[2.1] the variation of the stability margin in function of the tip gap size indi-
cates clearly an important influence of this flow on the compressor stability limit.
The implication of the tip leakage flow and the related vortex in the compressor
instability inception was observed and studied in a large number of publications
(Wisler [I16], Koch [64], Vo et al. [I10], Day [26], Hoying et al. [56]). The results
of these investigations are summarized by Tan [I06]. The problem of compressor
stability and the implication of the tip leakage vortex will be discussed in section
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2.1.2. Hub Corner Stall

The second important region of losses in a compressor is the corner between the
suction surface of the blade and the end-wall at hub. This separation is present
in every blade row. This region presents highly three-dimensional flows, generally
with a separation inducing a pressure rise limitation, the creation of blockage and
loss generation, c¢fr Cumpsty [22]. The presence of this three-dimensional flow is
due to a velocity gradient in the viscous boundary layer.

In the main flow, a pressure gradient, parallel to the endwall and normal to the
streamline direction, allows to follow the curvature of the blades. The amplitude of
this cross-passage pressure gradient is sufficient to counterbalance the centrifugal
forces w? /R where w is the relative flow velocity and R the radius of the curvature.
The free stream builds up this pressure gradient in the boundary layer where the
flow velocity is lower than in the mainstream. This induces a reduction of the
radius of the curvature followed by the flow in the boundary layer, as shown
on Fig[2.7 It introduces a component of the velocity perpendicular to the local
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Figure 2.7.: Deviation of the boundary layer flow in the blade passage.

free stream. The boundary layer flow in the blade passage is deviated from the
pressure side to the suction side. This secondary flow introduces an accumulation
of a low momentum flow at the intersection of the suction side and the end wall,
and this accumulated flow is further decelerated by the pressure rise. These two
elements induce a separation of the flow both on the suction side of the blade
and on the endwall, which leads to a reverse flow. This separation creates an
important blockage of the blade passage which leads to a limitation of the loading
and the pressure rise of the compressor. Furthermore the separation of the flow
induces an important mixing with the main flow, inducing a decrease of the overall
efficiency of the compressor. At high flow coefficients the reverse flow region on
the endwall surface looks like a very thin layer along the blade suction surface, and
the corresponding losses are not very significant. Once the blade loading exceeds
a critical value, the reverse flow region expands abruptly in the blade passage,
inducing an important increase of blockage and loss. The phenomenon is then
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called hub-vortex stall. Figure [2.§] presents the corner separation flow topology
without corner stall on the left hand side and with corner stall on the right hand
side.

Corner Separation Corner Stall
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Figure 2.8.: Corner separation flow topology without (left) and with corner stall

(right) [T18].

The nature of the three-dimensional hub corner flow was experimentally investi-
gated by Dring et al. [32] in 1982 on an isolated compressor rotor with high loading
and low aspect ratio. The objective of this work was to provide a sufficiently de-
tailed determination of the flow allowing a careful comparison with existing and
future analytical models. The authors observed that the three-dimensional effects
induced an important radial redistribution of fluid and that the proximity of the
endwall had a strong influence on the blade pressure distribution. They showed,
with flow visualizations, that the hub corner separation was highly dependent on
the loading of the blade. A reduction of the flow coefficient leads to a radial
increase of the extension of the separation area over the entire span. Dong et
al. [31] presented a study on the flow field and loss mechanisms in a single-stage
low-speed axial compressor. During these investigations they observed, with an
oil flow visualization technique, a large separation zone at both endwalls of the
stator but they did not find any at the rotor hub. The three-dimensional flow in
an annular compressor cascade was experimentally investigated in 1988 by Schulz
and Gallus [94]. They used extensive measurement techniques to perform a de-
tailed flow characterization. The hub corner flow separation was observed at all
investigated operating points. This separation and the secondary flows were the
source of the high loss region observed downstream the row. Hah and Loellbach
[44] (1999) detailed the flow structure of hub corner stall by using experimental
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data and numerical solutions. They showed that the reverse flow on the blade
suction side and the endwall is due to the strong particle motion around a vortex
located at the corner of the hub and the blade suction surface. In 2005 Gbadebo et
al. [40] were the first to show that a reverse flow region is always present both on
the blade suction surface and on the endwall. Before that, the measurement tech-
niques were not able to detect, on the endwall, the very thin layer composed by the
reverse flow along the blade surface. That is why, before the work of Gbadebo, the
hub corner separations with and without stall were distinguished by the presence
of reverse flow on the endwall surface. They showed that the loss introduced by
a hub corner separation, where the reverse flow is limited to the space close the
blade, is relatively low in comparison with the case of hub corner stall. Gbadebo
et al. conclude also from their experimental and numerical investigations that
the presence of hub corner separation is universal. They validated the use of 3D
Reynolds-Averaged Navier-Stokes codes for the prediction of the 3D separations
by the comparison between measurements and numerical calculations.

Lei et al. [69] worked on the establishment of a criterion for the prediction of
the hub corner stall in axial compressors. This work is based on the observation
by Gbadebo of the limitation of the loss introduced by a hub corner separation in
comparison with hub corner stall. Firstly Lei and al. defined a hub corner indicator
S, quantifying the extent of the hub corner separation area by the calculation of
the difference between the local blade loading inside and outside the separated
region:

S =Vnid— Ynuw (2.1)

where mid and hub correspond respectively to mid-span and 0.1 span locations.
U is the Zweifel blade loading coefficient given by:

1

Ps s - Ps ss

\IIZ — |:/ P (x) ) (.’I;) (2.2)
0 Pt,up - Ps,up

where ps and ss stand for blade pressure- and suction side, P and P; the
static- and total pressure, and up refers to upstream conditions. Next, Lei et al.
established the criterion to predict the hub corner stall, the diffusion parameter
D. The parameter D is a function of blade geometry and flow parameters. It
was developed based on the hypothesis that the mechanism of hub corner stall is
driven by the streamwise pressure rise, the cross-flow pressure rise and the skew of
the incoming endwall boundary layer. The diffusion parameter D is then defined
as a function of inlet- and outlet flow angles oy and as, the incidence and blade
camber angles ¢ and @, the flow turning due to boundary layer skew Af and the

solidity o as:
Do [1 B <008a1>2
oS0y

In order to determine the value of the diffusion parameter and the stall indicator
corresponding to presence of the hub corner stall, Lei et al. calculated numerically

i+60—AB

g

(2.3)
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these two parameters for a very large set of geometries and established a correlation
between them. The stall indicator in function of the diffusion parameter for these
various geometries is plotted on Fig[2.9] Two distinct groups of results in S are
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Figure 2.9.: Compressor stall indicator S in function of diffusion parameter D [69].

observable on this plot. All the geometries with a stall indicator greater than 0.12
present hub corner stall and only them. This value of the stall indicator is thus the
critical limit for the occurrence of the hub corner stall. Concerning the diffusion
parameter the critical value is equal to 0.4 with a tolerance of 0.05. This criterion
being based on overall blade parameters, it can be used to determine the presence
of hub corner stall during the preliminary design phase.

In 2010 Yu and Liu [II8] proposed an improved version of the diffusion parame-
ter established by Lei et al. [69]. The need for an improved parameter comes from
the presence of a double valued region for S around D = 0.4 £ 0.05 that can lead
to a wrong estimation of the hub corner stall phenomenon, see Figl2.9l Yu and
Liu concluded from this observation that the influence of some factors were over-
or under-estimated by Lei. The authors determined numerically that the blade
aspect ratio, completely neglected by Lei, had a significant influence on the hub
corner stall prevision. In the same way Yu and Liu showed that the stall indicator
S defined by Lei was not adequate to predict the hub corner stall for blade aspect
ratios lower than roughly 1. Thus, they defined in the first place a new stall in-
dicator S,, equal to the maximum blade wake thickness non-dimensionalized by
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the blade chord. Next they established the new criterion based on the observation
that the diffusion parameter is: 1) affected proportionally by the circumferential
and streamwise pressure gradient; 2) a function of the blade aspect ratio. Assum-
ing a circular blade profile and the absence of significant flow separation, defining
a simplified mean streamwise velocity in the blade passage and determining the
effect of the aspect ratio on the diffusion parameter by a fitting method applied
on the numerical data, the new diffusion parameter D,, can be expressed as:

D, =

ocos?ay oS0y

As in Lei’s work, the critical values of these new stall indicator and diffusion
parameter were evaluated graphically. Figure[2.10|presents the stall indicator S,, in
function of the modified diffusion parameter D,, for a very large set of data (about
200 blade geometries). The two branches of S, corresponding respectively to hub
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Figure 2.10.: Compressor stall indicator Sy in function of diffusion parameter Dy,
[11]].

corner separation and stall, are clearly visible and a good separation criterion
between them is given by a critical value of the stall indicator of 0.25. In terms of
the modified diffusion parameter the limit between the two branches corresponds
to a critical value of 0.47 with a relative uncertainty of 3.2% (+ 0.015). This
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new diffusion parameter was verified on compressor and cascade data found in the
literature with a very good agreement.

In their works Lei [69] and Yu [118] established hub corner stall factors based on
global flow parameters. They neglected completely the effect of the real geometry
of the blades row. Goodhand and Miller [4I] investigated the influence of small
variations of the blade geometry on the development and extension of the three-
dimensional separations. They considered various geometrical parameters like the
leading edge geometry, the roughness and the blade fillet. The authors found that
the fillet geometry on the blade or on the leading edge have a slight importance on
the hub corner separations. On the other hand the geometry and the roughness
of the leading edge between 5% and 30% affects strongly the extension of the
hub corner separation and hence the hub loss via their influence on the transition
process.

The role of hub corner separation on the stability of a compressor has not been
studied extensively. In 2008 Choi et al. [I8] performed a numerical investigation
about its role on a low-speed axial compressor. They showed with time-accurate
unsteady simulations that the stall cells were initiated from an initial asymmetric
disturbance occurring at the hub corner separation. The initial disturbance moves
from the hub to the tip region where it grows attached to the blade passage. Once
the disturbance reaches a critical size it detaches from the blade and turns into
rotating stall.

2.2. Compressor Stability Problems

The operating range of a compressor is limited on the high mass flow side by
the choking limit and on the low mass flow side by the stability limit as shown on
Fig[2.11] The choke regime corresponds to an operating point where the flow in the
compressor reaches the sound velocity. This point corresponds to the maximum
mass flow that can pass through the compressor. The stability limit corresponds to
the lowest mass flow at which the compressor operates at a stable regime. A stable
regime for a compressor is defined as an operating point where the compressor is
capable to recover from disturbances. It is characterized by a steady periodic
flow through the compressor. At an unstable operating point the flow through
the compressor is unsteady and non-symmetric. All the stability limits at various
rotational speeds make up the surge line. The instability of the compressor at low
mass flow is induced by a flow separation on the blade due to a too high incidence
angle. The process leading a compressor to reach its operating limit can be clarified
with Fig[2.12] This figure shows the velocity triangle at the inlet of a rotor at
design point and at a reduced mass flow operating point called throttled. At lower
mass flow the absolute velocity is reduced from vy to v5. Since the rotational
speed of the rotor is constant, UQZUQ, this leads to an increase of the relative inlet
flow angle B to 32 and thus to an increased loading of the blade. If the loading
reaches a critical value, a flow separation occurs and the compressor works at an
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Figure 2.11.: Performance map.

unstable regime. The unstable regimes occurring in a compressor are the rotating
stall and the surge. These regimes must be avoided in any case. Indeed they lead
to a sudden drop of the compressor performance, inducing a loss of machine work
and a mechanical shock in the machine, to very high vibrations on the rotor with
a strong risk of blades destruction and, under some conditions, to a reverse flow
through the blade row. This last point is particularly detrimental in the case of a
turbomachine where the compressor is followed by a combustion chamber. Indeed
the reverse flow induces the passage of hot gas from the combustion chamber
through the upstream compressor. Compressor blades not being designed for high
temperatures, reverse flow leads to the melting of these uncooled blades, causing
an abrupt and definitive loss of the machine. An unstable regime in an aero-engine
can lead to the crash of the airplane and thus mass casualties, especially if the
instability occurs during landing or takeoff.

Due to the importance of operating in the stable region of a compressor, various
stability approximation parameters have been defined. A first one was proposed
by de Haller. This criterion is based on the limitation of the overall deceleration
ratio in order to avoid a too high growth of the boundary layer. The de Haller
criterion is given by:

D> 072 (2.5)
wo

where wso and ws are respectively the relative flow velocity at the rotor inlet and
outlet.

Greitzer et al. [43] presented the non-dimensionalized static pressure rise across
the rotor as a criterion linked to the casing boundary-layer. This criterion is related
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Figure 2.12.: Velocity triangle upstream the rotor for design and reduced mass flow
conditions.

to the wall stall and given by:

AP
— >06 (2.6)
1/2pw3

In 1975 Lieblein [73] showed the relation between instability and the diffusion
factor Dy. The diffusion factor is based on the correlation between the flow decel-
eration along the blade suction surface and wake momentum thickness. It is given

by:
w3 Av,,

Dy = <1 w2> + (o) ws (2.7)
and the stability limit is reached for Dy > 0.6. This stability criterion is associated
with blade stall that will be described in the next section. It is important to
notice the difference between Lieblein’s diffusion factor and the diffusion parameter
presented in section Diffusion factor and diffusion parameter consider both
the static pressure rise as well as the flow turning. But the diffusion factor does
not take into account the skewed character of the boundary layer due to moving
end wall surface. This moving wall induces a deviation of the boundary layer
flow in the circumferential direction. As presented by Lei et al. [69] the diffusion
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parameter can be correlated with the diffusion factor only in the case without
incoming end wall boundary layer skewness. The assumption that a compressor
with a diffusion factor of 0.6 is stalled was contradicted by Cumpsty [22]. Indeed
several examples show that a compressor with higher values of diffusion factor are
still stable. This comes from the fact that a compressor presenting a stalled blade
row can be stable. Cumpsty concludes that the diffusion factor is not a satisfactory
parameter for the compressor stability.

The three parameters presented above give only an estimate of the stability
character of a compressor. Actually, the stability of a compressor cannot be really
predicted by any parameter. Experimental tests have to be performed to determine
the exact stability limit.

The working line of a compressor is composed of the typical steady state operat-
ing points of the compressor at various rotational speeds as presented on Fig
The real operating point can be away from this line for many reasons, like inlet
steady conditions (cruise or take-off in airplane engine), inlet unsteady phenomena
or rotational speed changes. This last reason is critical for engines where strong
accelerations are required. During a strong acceleration the compressor work-
ing point moves rapidly towards the stability limit and then slowly approaches the
working line further up the map. This effect is due to the inertia of the compressor
rows responding slowly to rapid changes of injected fuel mass flow. The increase
of the fuel mass flow leads to a fast increase of the temperature and pressure in
the combustion chamber, producing a high back pressure. On the other hand,
the compressor rotational speed needs time to be adapted to the new conditions.
During this time, the higher pressure ratio is not balanced by the higher rotational
speed, leading to an increase of the blade angle of attack and a reduction of the stall
margin. In case of deceleration the reverse effects are occurring. Consequently, the
working line of a compressor must be placed far enough from the stability line in
order to absolutely avoid an unstable regime. The difference in terms of mass flow
between the working line and the stability limit is called the stall/surge margin,
in function of the rotational speed of the machine (low-/high-speed) [26].

2.2.1. Rotating Stall

The rotating stall is a partial obstruction of a rotor rotating around the annulus,
due to flow separation. The stall inception process and the time evolution of stall
cells have been described in 1955 by Emmons et al. [35] and since then numerous
authors have investigated this phenomenon. Actually rotating stall is not fully
understood and its prediction remains difficult.

The stall inception is the process of compressor regime change between a stable
operating point and an unstable regime. This transition period takes only a few
rotor revolutions and presents two different processes. The first one is called the
short length scale disturbance or spike stall inception. This process is triggered
by a reduction of the flow rate in the compressor, entailing an increase of the
incidence angle on the blades. Once the incidence angle reaches a critical value,
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separation of the flow occurs on the suction side of a single blade near the casing,
as presented on Fig[2.13] This separation leads to a blockage of one or two blade
passages. The initial disturbance is thus size limited and measurements show that
this disturbance is located in the tip region (Camp and Day [15]).

Figure 2.13.: Spike stall inception process [84].

The second stall inception model is characterized by long length scale distur-
bances, also known as modal perturbations. This model has been also presented in
Emmons work mentioned above and precisely investigated by Moore and Greitzer
[8T] and Day [24]. In this model, it is assumed that the flow and the perturbations
are two-dimensional, which means that they are uniform in the radial direction. In
Fig[2.74) a mode of first order is presented. These modal waves start out as small
disturbances. When approaching the stability limit they grow quickly in intensity
without abrupt change in amplitude or frequency. At the end of the inception
process a fully developed stall cell forms. Not only modes of first order are possi-
ble, also modes of higher order can occur. Contrary to spike inception, the modal
waves are not a localized disturbance but are superimposed to the symmetric main
flow over the entire circumference.

LT

s seeed

Figure 2.14.: Modal disturbance in a stall inception process [84].

Fig presents the flow velocity measurements by means of hot-wires at six
circumferential positions during spike and modal stall inception processes.
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Figure 2.15.: Stall Inception [24].

Camp and Day [15] showed that the slope of the total-to-static characteristic
at stall was linked to the stall inception mode. They observed that modal stall
inception occurs in a compressor stage stalling at the peak of the characteristic. On
the other hand, spike stall inception is typical for compressors where stall occurs
before attaining the peak of the characteristic. The relation between the stall
inception mode and the location of the stall point on the characteristic is explained
by the inception process itself. The spike mode is caused by reaching the critical
value of the incidence, while modular wave is due to two-dimensional perturbations
and occurs at the zero slope point of the characteristic. If the compressor exceeds
the critical value of the incidence before the peak of the overall characteristic, the
spike appears, followed by a rotating stall. The compressor cannot then reach the
peak of the characteristic and the modal waves cannot emerge [26].

Day [26] shows experimentally that the tip clearance has a crucial effect on the
stall inception process. Furthermore, the origin of the spike initiating the rotating
stall seems to be always in the tip region of the compressor. Ever since, many
efforts have been made to identify the fundamental mechanisms in terms of tip
leakage flow that trigger the rotating stall. A criterion for spike initiated rotating
stall was formulated by Hoying et al. [56]. With his computations he could show
that stall inception occurs when the vortex trajectory is aligned with the leading
edge of the next blade passage. This assumption was confirmed and extended by
Vo [110]. He formulated the following conjectures with the spike inception: (1)
There must be a flow spillage from the tip clearance ahead of the leading edge
of the next blade passage; (2) There must be a back flow of tip clearance fluid
at the blade tip’s trailing edge (Fig. The origin of the spike stall inception
process is a separation in the tip region of the rotor blade caused by the tip leakage
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vortex. This process is related to the wall stall, and compressors presenting this
process are called tip-critical. Further experimental investigations concerning the
inception process of rotating stall can be found in Bergner et al. [9], Mailach and
Vogeler [79], Gannon et al. [39] and Lin et al. [70].

(a) No leading edge spilla

Backflow and tip (b) Leading edge
P clearance fluid can only spillage
convect downsiream or <

leak through adjacent
tip clearance gap

Incoming
flow
LE spillage below blade tip
provides an additional
path for the tip clearance

Incomingltip fluid to be displaced

clearance flow Incoming upstream by the backflow
interface flow
(a) No leading edge spillage (b) Leading edge spillage

Figure 2.16.: Criteria for spike inception [T10].

Once the stall cells are fully developed, following one of the processes presented
above, the cells are circulating around the annulus. Indeed the blockage of a blade
passage induces a deflection of the flow to the following blade passages, causing
an increase of the incidence on them and thus a separation of the flow in this
region. At the same time the blockage leads to a decrease of the incidence of
the previous blade passage, causing a reattachment of the flow. These two effects
cause a displacement of the stalled region of the compressor around the annulus in
opposite direction of the rotation of the rotor. Due to the lower rotational speed of
the stall cells relative to the rotor speed, the cells are rotating around the annulus
in the same direction as the rotor in the absolute reference system.

The fully developed rotating stall can be differentiated in two general types: 1)
the part-span stall, where only one extremity of the blade is affected; 2)the full-
span stall, where the complete height of the blade is affected. Day [26] describes
some distinguishing features of the two types:

Part-span stall cells

e Part-span stall cells usually occur in compressors where blade aspect ratios
are large,

e The number of stall cells is nearly always greater than 1,
e Part-span stall cells will always be equally spaced around the annulus,

e The stall cells usually only affect the tip region of the blades where their
presence represents a net blockage in terms of through flow area,
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e Part-span stall cells usually rotate at about 50% to 80% of the rotor speed,

e Part-span stall cells are often confined to just one or two blade rows at the
front of a compressor and seldom stretch all the way through a multi-stage
machine,

e The relative small pressure loss caused by part-span stall cells means that
most aero-engines can tolerate the presence of these stall cells at low engine
speeds.

Full-span stall cells

e Full-span stall cells occur in most high-pressure compressors, especially in
multistage machines with short blades,

e Full-span stall cells cover the full height of the blade and leave no room for
flow to pass under the stall cell at the hub,

e Full-span stall cells usually give rise to a single stall cell, particularly in
multistage machines. Multiple full-span stall cells are very seldom seen,

e In the rare cases where more than one full-span stall cell develops, the stall
cells will not necessarily be equally spaced or of equal size,

e Full-span stall cells rotate more slowly than part-span stall cells, usually
between 20% and 50% of the rotor speed,

e The dramatic loss of pressure which occurs when a full-span stall cell forms,
means that most aero-engines are forced to shut down if stalling occurs.
Acceleration of the engine during full-span stall is not possible.

In 1978, Day and Cumpsty [28] established the existence of a relation between
the size of the stall cell and its type. From the analysis of data from various
experimental study of compressor stall phenomenon, they suggested that stall
cells type can be predicted from the fraction of the annulus covered by the cells
A. The authors determined that 30 % was the critical value of \, separating the
full-span and the part-span stall cells. According to Day and Cumpsty, 30 % is
the maximum fraction of the annulus covered by part-span stall cells, and the
minimum for full-span stall cells.

The two types of stall cell can occur in the same compressor, as presented
by Mathioudakis [80]. In this work, the author observed two different unstable
regimes in a compressor. First, the instability presented multiple part-span stall
cells and led to a progressive deterioration of the compressor performance. Then,
a second mode of instability occurred, with one or two cells and characterized by
an abrupt performance drop.
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2.2.2. Surge

The surge is an unsteady phenomenon oscillating between a normal operating
regime and a total obstruction of the compressor. For many years the difference
between rotating stall and surge was not well defined. In 1978 Greitzer [42] told
the distinction between the two phenomena. In this paper Greitzer also estab-
lished the non-dimensional Greitzer B parameter, giving a way to predict if a
specific compressor would surge or stall. This parameter was extended by Day
[25], providing the possibility to compare different compressors. Recent develop-
ments of the knowledge of the surge phenomenon have confirmed that surge in
axial compressors is initiated by rotating stall.

The surge phenomenon is shown on the right hand side of Figl2.17 At point
1 the compressor in stable regime reaches the stability limit, and rotating stall
occurs. This causes an abrupt loss of pressure rise and the loss of the ability of
the compressor to support the high pressure energy stored downstream, causing
a reverse flow, point 2. This reverse flow induces a reduction of the downstream
pressure and, at point 3, this pressure is low enough to un-throttle the compressor.
Then the compressor regains a normal flow (point 4) until the stability limit is
reached again. The compressor follows a repetitive pumping cycle. This process
can only be interrupted by changing the compressor’s conditions like decreasing
the rotational speed or the throttling.
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Figure 2.17.: Classical (left) and deep (right) surge phenomena [42].

Surge can be classified in two main types. The ”deep surge” with reverse flow
described above, and the ”classic surge”, where no reverse flow occurs. In Fig[2.17]
the two types are presented. In a classic surge cycle, the energy stored behind the
compressor is not sufficient to cause a reverse flow. The compressor changes its
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conditions from stalled to un-stalled and the flow rate changes between fast and
slow.

2.3. The Casing Treatments

As mentioned in the previous chapters, the stall and surge phenomena have a high
destructive potential and must be avoided at all cost. The tip leakage vortex plays
an important role concerning the stability limit of a compressor. Over the last 40
years various mechanisms have been investigated to stabilize the flow in the tip
section and thus extend the working range of the compressor. These mechanisms
can be categorized as active or passive means. The active control mechanisms are
based on a real-time stall detection and devices allowing getting the compressor
out of stall. These devices are for example bleed valves, injectors, variable stagger-
angle stators,... Several investigations shown the potential of these mechanisms
on the improvement of stall margin [93] [104] [36] [I03]. The passive systems are
based on the modification of the geometry of the compressor. The most inves-
tigated passive method in recent years has been the usage of casing treatments
(CT). A casing treatment is a geometrical modification of the inner surface of the
compressor casing. Various kinds of arrangements like circumferential grooves,
axial slots or honeycombs exist. The main principle of the casing treatment is to
extend the working range of turbo-compressors by decreasing the amount of block-
age in the flow passage. The stabilization potential of passive casing treatments
has been demonstrated through a large number of studies.

2.3.1. History of Casing Treatments

The concept of working on the endwall flow in order to enhance the stability of a
compressor has appeared in the 1950’s. The first document concerning the increase
of the compressor stability based on end wall flow improvement is a patent of Wilde
[I12]. The patent describes a bleeding system where the air was sucked in front of
the Inlet Guide Vane (IGV) and bleeds it along the casing ahead the IGV. In the
early 1960’s the NASA commissioned a series of investigations of casing-blowing
and -bleeding on high-speed single stage axial compressors. The tests showed good
results concerning the surge margin for the blowing configuration.

In 1970, Bailey and Voit [6] developed and investigated the first passive endwall
treatments. They used tapered holes, honeycombs and radial holes connected to a
plenum as casing treatments, without external bleeding or blowing. Furthermore,
the effect of axial and circumferential flow recirculation was investigated by using
baffles. The configuration with tapered holes and honeycomb gives a significant
improvement of the stability range. The variation of the stability improvement
by the tapered holes in function of the arrangement of the baffles shows that the
pressure rise induced by the rotor can be used to improve the stability range by
allowing a flow recirculation and a natural reinjection ahead of the rotor tip.




“thesis” — 2012/12/11 — 8:48 — page 34 — #48

34 Chapter 2. Literature Survey

Motivated by the ability of casing treatments to stabilize the end wall flow,
a large amount of parametric investigations on CT was performed in the 1970’s
as extensively reviewed by Hathaway [48], Fig Various configurations like
honeycomb, radial holes, axial slots, skewed slots, blade angled slots and circum-
ferential grooves were considered. Furthermore the positive effect of CT without
plenum on the end wall flow was demonstrated. These investigations did allow
a better understanding of the flow mechanisms occurring in a casing treatment.
Most of the configurations tested provided a stability range extension especially
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in case of tip-critical compressors. Osborn et al. [83] showed that the higher sta-
bilizing potential of the skewed slots, in comparison to circumferential grooves,
came with an unacceptable loss of efficiency. In the case of grooves the maximum
efficiency was as high as, or slightly higher than, the one obtained with solid wall
but the effectiveness of the CT was dependent on the rotational speed. Osborn et
al. insist on the choice of casing treatment in function of the compressor. These
results were confirmed by the work of Moore et al. [82] and Bailey [5].

Due to problems with the physical understanding of the interaction between
tip leakage flow and the flow in the casing treatments, many inconsistencies were
observed in the investigations of the 1970s. In their work Prince et al. [88] focus
on the comprehension of the physical effect of CT. This work is based on a survey
of former investigations and on personal extensive investigations of several casing
treatments including hot-wire measurements in treatment cavities. They were able
to show that compressible effects and acoustic resonance were not the crucial effect
of the positive influence of CT. However, they were not able to provide a better
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understanding of the working mechanism of CT.

Based on the works of Osborn et al. [83], Moore et al. [82] and Bailey [5] showing
skewed slots providing the greatest range extension, Takata and Tsukuda [105]
investigated the importance of the orientation of the slots on the performance of
the CT. They showed that the configuration where the slots are skewed opposite to
the rotor rotation direction gives the best results in terms of stability improvement.
They explained this fact by the circulation of the flow in the slots and the pumping
mechanism into the slots. They did also show that improper orientation can
lead to a deterioration of the stability of the compressor. By the use of hot-wire
measurements in the slots cavities, they showed a periodic system of pumping
into the slots near the trailing edge and expulsion from the slots to the main
flow upstream the mid-chord. Takata ans Tsukuda hypothesized that the main
mechanism of stability margin improvement by the use of skewed slots casing
treatment is the exchange of momentum, facilitated by the dynamic effect of the
expulsed jet.

In 1979, Greitzer et al. [43] made a systematic experimental investigation of
the influence of axial skewed grooves on the stability margin. The investigation
was performed on two rotors presenting different solidities. They observed and
described a different stall mode for each compressor: 1) The blade stall, where
an aerodynamic flow breakdown occurs on a significant portion of the blade span;
2) The wall stall where the breakdown begins in the tip region, due to the low
momentum of fluid in the boundary layer. The two stall modes are presented on
Fig[2.19] Casing treatment was observed to influence the working range of only
the compressor exhibiting a wall stall. These results have been the initial point
of investigation for a better understanding of the flow phenomena that cause the
positive effects on the stability range and the partially negative effects concerning
the efficiency of compressors.

The investigation on the relation between the main flow inside the passage and
the flow in the casing treatment was performed by Smith and Cumpsty [99]. They
used hot-wire measurements in axial slots to determine the velocity vectors in the
casing treatment slots. It can be observed that a mass flow enters the treatment at
the trailing edge of the blades and is re-injected at the leading edge. These results
lead to the assumption that the stabilizing effect of casing treatments does not
occur in the CT itself but rather in the mixing area generated by the impingement
of the re-injected flow on the main flow outside the casing treatment, as conjectured
by Takata ans Tsukuda [105].

During the same year Fujita and Takata [38] made a study on the determination
of the optimum between a high improvement of stall margin and the lower efficiency
loss induced by the use of a casing treatment. This study is based on a large
number of casing configurations like axial, skewed and circumferential grooves.
They found a linear relation between the two parameters leading to the assumption
that an increasing stability range always comes along with a decreasing efficiency.

With Crook et al. [21], in 1993, the numerical investigation of CT began. With
a steady three dimensional Navier-Stokes solver they investigated the flow field
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Figure 2.19.: Compressor stall inception mode [43].

in a compressor with axial slots as hub treatment. An extensive investigation of
circumferential grooves and skewed slots was made by Hall et al. [45] and [46].
They made steady and unsteady simulations with and without inlet distortion on
various compressor- and fan stages. More recent numerical simulations on casing
treatments were performed by e.g. Wilke and Kau [115], Brignole et al. [10] and
Shabbir and Adameczyk [95].

Confirmed by the amount of numerical and experimental investigations, per-
formed in the last 40 years, the stabilizing mechanism of casing treatments has
been demonstrated. This applies to low speed machines like fans or blowers as
well as to high speed machines. Although the complex physical phenomena that
underly the positive impact on the tip clearance flow are not completely under-
stood so far, several types of CT are actually in use. To quantify the effectiveness
of a casing treatment, five criteria have to be taken into account:

e Improvement of the stability margin,

e Negligible negative impact on the compressor efficiency,
e Gain in pressure ratio,

e Ease of manufacturing and assembling,

e Minimal space requirements,

Furthermore, considering the efficiency of a real turbo-compressor, the working
line does not always correspond to the maximum efficiency because of the stability
margin requirements. An extension of this margin with casing treatment may allow
a shift of the working line to the maximum efficiency.
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2.3.2. Circumferential Groove Casing Treatment

A circumferential groove casing treatment generates smaller improvements in terms
of stability margin but causes a smaller efficiency drop. For lots of applications
this small margin increase is therefore sufficient and the very limited negative in-
fluence of the CT on the efficiency is an essential requirement. Furthermore the
simplicity of manufacturing and assembling of this type of casing treatment makes
it very often implemented.
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Figure 2.20.: Pressure rise coefficient of a low speed axial compressor with and
without casing treatment [96].

The stability range extension of a compressor by using circumferential grooves
casing treatment is due to an interaction between the tip leakage vortex and the
grooves. The working principle is a migration of the fluid from a severe blade
loading and high pressure region to a location where the pressure is more moderate
as presented by Beheshti et al. [8]. This mechanism provides a local decrease of a
critical loading on the blade and thus has a stabilizing effect.

In 2005, Shabbir and Adamczyk [96] performed a numerical investigation on
the effect of circumferential grooves on a low speed axial compressor. This study
improves the understanding of the physical mechanism causing the stability im-
provement by the use of this type of casing treatment. The overall performance of
the compressor considered by Shabbir and Adamczyk for various casing configu-
rations is presented on Fig[2:20] The compressor stability range looks insensitive
to the grooves aspect ratio. In this work the authors wanted to demonstrate the
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Figure 2.21.: Radial velocity distribution in the casing plane [96].

decrease of the growth rate of flow blockage by the use of a circumferential grooves
casing treatment. Shabbir and Adamczyk performed the budget analysis of the
axial momentum equations for a control volume adjacent to the casing for solid
casing configurations and casing treatment configurations. The control volume is
radially bounded by the end wall and the first grid cell from the wall, according
to the hypothesis that the growth rate is ”controlled by the near casing flow field
over the tip”. From the results, they found that, in the case of a grooved casing,
SogiCote  OnmiCus  Setio  Gepyic

.3725
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Figure 2.22.: Normalized axial velocity contours downstream the rotor trailing
edge for two casing configuration and two flow conditions correspond-
ing to conditions away from stall (¢ = 0.3725) and close to stall (¢

= 0.35) [96).

the net axial pressure force at the casing in the tip gap is compensated by the net
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axial force due to the radial transport of axial momentum across the grooves, see
Fig[2.21] They concluded that this radial transport is the flow stabilizing mecha-
nism. Finally Shabbir and Adamczyk determined the flow blockage in the blade
passage by using the definition proposed by Khalid et al. [61] for the various
configurations. This approach is based on the axial velocity just downstream the
rotor trailing edge plane. Under conditions away from the stability limit of the
compressor, the difference of the flow blockage for the smooth casing and with
the casing treatment is less than 0.4% around 7.5% and can be neglected. Close
to the stall point the flow blockage in the smooth casing configuration grows to
12.3% and only to 9.6% in the case with grooves. The flow blockage in the various
cases is presented on Fig[2:22) at the normalized axial velocity. These results show
the rapid flow blockage increase, correponding to a reduction of inlet flow coeffi-
cient. The hypothesis of the authors about the reduction of the blockage is then
validated.

N

7

Figure 2.23.: Flow mechanism in circumferential grooves [50].

In 2008 Hembera et al. [50] made a systematic comparison of investigations
performed until then. They concluded to the following:

e Different groove depths have different effects on the efficiency and in shift-
ing the surge line, depending also on the number and axial position of the
grooves,

e In most cases, more grooves have a higher potential in shifting the stall
margin but also show a greater loss in efficiency,

e Altering the inner geometry of the grooves, for example by including baffles
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that separate the circumferential grooves in segments, influences the shifting
of the stall margin,

e The effects of the grooves on the compressor stage is strongly dependent on
the axial location of each groove relative to the other grooves and to the
blade,

e The inner geometry of the grooves, for example their individual depths which
can be different, are at least as important as the axial position above the
rotor or the number of grooves in terms of efficiency change and stall margin
improvement.

Moreover, they performed a numerical investigation, using one to five casing
grooves in order to analyze the flow mechanism in various axial positions relative to
the rotor chord. The flow mechanism for the five grooves is presented on Fig[2:23]
In the first two grooves, placed at the leading edge, the main mechanism driving
the flow is the high pressure difference between the suction- and the pressure side
of the blade. The mechanism that affects the flow in the center grooves is the
vortex mechanism, caused by the static pressure in front of the blade. At the
trailing edge, the cavity mechanism is dominant. It is the weakest mechanism and
the flow is nearly perpendicular to the front side of the groove.
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Figure 2.24.: Stall margin (SMI) and maximum efficiency (MEI) improvement in
function of the groove casing treatment axial location [53].

Houghton and Day [53] investigated the influence of the axial location of a
circumferential groove casing treatment on the stability and the efficiency of a
low-speed axial flow compressor. Furthermore they detailed the interaction of
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the groove on the flow in the tip region. Two optimal locations for stall margin
improvement were found at 8 and 50% of the axial chord, FigR.24 At 8% the
strong interaction of the groove on the highly energetic flow field near the casing
causes high losses and hence an efficiency reduction. At 50% the groove inten-
sifies the tangential velocity of the flow in the casing region without perturbing
the flow field, thus inducing negligible losses. In this study Houghton and Day
demonstrated the absence of a direct link between flow passage blockage and stall
margin improvement.

In 2010 the same authors [54] showed that the efficiency loss due to multiple
grooves is equal to the sum of the drops from each single groove while the stall
margin improvement is less than the sum of the improvement due to each single
groove. The importance of the stall inception mode on the effectiveness of the
casing treatment is also discussed. This effectiveness is found to be maximum
for compressors presenting spike stall inception for both casing configurations.
However, the effect is decreased if the stall inception goes over from spike mode
in a smooth casing configuration to modal mode with casing treatment. The
effectiveness is very low for compressors exhibiting modal stall inception for both
casing configurations.
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Chapter 3.

Experimental and Numerical Tools

This thesis presents the experimental characterization of a single stage compressor
representative of the first stage of the booster designed for the new contra-rotating
turbofan architecture. This characterization has been performed on the R4 high
speed compressor facility of the von Karman Institute. The measurements are
compared with the results of numerical simulations. This allows validating the
ability of the numerical code to simulate the global performance and the stability
limit at high loading- and flow coefficients, and of low aspect ratio, and that with
various CFD codes and turbulence models. Once the simulations are validated,
the numerical results are used for the flow visualization in the compressor stage.

The experimental and numerical tools used in the frame of this work are pre-
sented in this chapter. Firstly, the characteristics of the R4 facility used for the
compressor characterization are presented. Then, the single stage compressor test
section is presented. This presentation includes the design, the instrumentation
layout and the displacement systems for the instrumentation. The details of the
aero-dynamic design of the blades of this particular compressor are described.

The details of the numerical simulations, used in the comparisons, are given.
These details concern the various codes and turbulence models used for the sim-
ulations as well as the informations about the meshes considered. The numerical
results presented in this work come from the work of Balazs Farkas, PhD at the
VKI, and from CENEARO, a partner in the VITAL consortium.

Finally, the tests conditions and configurations are presented. The compressor
stage has been investigated at two Reynolds numbers, corresponding to the cruise
and take-off conditions. The parameters used to reach these Reynolds numbers are
given. Furthermore, the effect of a circumferential groove casing treatment on the
compressor performance was investigated as well. The geometrical characteristics
of this groove studied during this thesis are detailed.

3.1. The VKI R4 Test Bench

The R4 test facility is a high speed compressor test rig with a closed loop system.
This facility was designed and built in the late 60’s to study high speed axial
and radial compressors. After being idle for twenty years, the Turbomachinery
Department decided in 2004 to refurbish and modernize the R4 test rig for the
current VITAL project and others to follow.
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Figure 3.1.: Layout of the VKI-R4 closed loop high-speed compressor test rig

This rig is composed of a tank used as settling chamber followed by the test
section and the diffuser where the flow is decelerated into a piping leading the
air back to the tank. The settling chamber is equipped with an air/water heat
exchanger, allowing the control of the flow temperature in the test section inlet,
and a throttling valve providing the means to run the compressor at various op-
erating conditions. For axial compressors, the R4 facility limits the diameter of
the compressor hosted by the test section at maximum 480mm. Figure [3.1] shows
the test bench layout. The closed loop system allows controlling the pressure in-
side the facility from 300mbar absolute to a maximum of 3bars absolute. This
allows managing the Reynolds number independently of the rotational speed of
the rotor and thus independently of the Mach number. This gives the possibility
to determine the characteristics of the compressor under conditions corresponding
to cruise (CR) or take-off (TO) conditions.

By the fact of the facility being out of use for twenty years, its stripping down and
the storage of some parts in the open, an important work of refurbishing was nec-
essary. Furthermore, various elements of this old facility required a modernization
in order to keep up with current standards. The refurbishing and modernization
of the installation included:

e The modification and the motorization of the throttle valve,

e The modification and the improvement of the cooling system,

The modification of the back-loop with the addition of expansion join,

e The addition of a torque-meter on the shaft,

The modification and the modernization of the oil system,
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e The re-alignment of the motor, of the gear-box, of the test section and of
the tank.

The rotor is driven by a 695k DC motor with a nominal speed rating of
1000RPM at 1000V supply and is coupled to a 12:1 gearbox. However, the volt-
age supply is currently limited to 750V, which limits the compressor speed to
9000RPM . The diagram of available compressor power and the rotational speed
is shown on Fig[3.2] The rotational speed of the rotor and the exact power given
by the motor to the compressor via the shaft are measured by a torquemeter. The
torquemeter was chosen to cover the entire range of the electrical motor and has
a resolution for the rotational speed of 1RPM and an accuracy for, respectively,
the torque and the speed better than 0.1% and 0.04%.
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Figure 3.2.: Diagram of the available compressor power in function of the rota-
tional speed of the R4 compressor test rig.

The loop was initially equipped with a diaphragm used for the determination of
the mass flow passing through the compressor. But, considering the low pressure
ratio of the stage, the pressure drop induced by the diaphragm at low speed was
too large for the compressor to get out of stall. Furthermore, there was not the
required pipe lengths up- and downstream the diaphragm for the use of the in-
ternational standard equations ([I]). This procedure was then replaced by a mass
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flow determination based on direct measurements of the pressure, temperature
and flow velocity at the inlet of the test section.

3.2. The VITAL Test Section

Pos, Pss,Tos

i

OUTLET

Figure 3.3.: Layout of the VITAL test section

Due to the diameter limitation of the test facility, the compressor stage was
designed with a scale of 0.5 compared to the real first stage of the booster. The
cross-sectional view of the test section is presented on Fig[3:3] This test section
is divided in three parts. The first part is comprised between the inlet of the test
section and the IGV. In this part, the flow is led from the outlet of the settling
chamber to the blade rows. A bulb allows a smooth reduction of the test section
and, then, an acceleration of the flow. This bulb is maintained by six arms to the
tip casing. The bulb and the arms are visible on the picture of the test section
presented on Fig[3:4 These arms and their positions are designed in order to
reduce their influence on the flow in the compressor stage.

The second part represents the compressor stage itself. The stage is composed of
the IGV, the rotor and the stator. Adding the IGV to the stage is required in order
to maintain the similitude of the flow conditions at the inlet of the rotor. Indeed, in
the real engine, the inlet flow to the booster is nearly axial due to the realignment
of the flow direction by the downstream fan. But the inlet total pressure and axial
velocity distributions are highly skewed due to the non-uniform pressure rise in
the hub region of both fans. On the contrary, the test rig compressor sees a pure
axial and uniform inlet flow. This leads to the introduction of inlet guide vanes
(IGV) to the stage to match the rotor relative inlet angle distribution, and hence
the correct loading distribution. Nevertheless, the axial velocity gradient is not
matched, inducing vorticity in the main flow. The real stage has variable radius
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Figure 3.4.: Photograph of the inlet of the VITAL test section

hub and tip contours whereas the meridional flow path of the test compressor stage
was designed with a flat tip contour for the ease of manufacturing, and also for the
control of tip clearance and in view of performing experiments on various casing
treatments. The hub contour was designed to preserve the area contraction. The
three blades rows are mounted on separate platforms allowing the rotation of the
compressor rotor. In order to avoid any blockage and important flow perturbation
due to positive step between two plate-forms, a negative step of 0.1mm has been
imposed in the design at each blade row platform interface. The geometrical
characteristics of the compressor stage are given in table

The actual rotor tip clearance was measured by wear gauges at 6 different cir-
cumferential positions both at leading edge and trailing edge. The design aimed at
a nominal clearance of 0.3mm (1.3% of blade height) and was achieved at the com-
missioning. The actual tip clearance under running conditions at nominal speed
(100% NN) was found to be between 0.12 and 0.25mm, i.e. between 0.5% and
1.08% of the blade height. The corresponding distribution is shown in Fig that
indicates also a slight excentricity of the rotor axis to the casing. The second set of
curves indicates the evolution of clearance obtained after running the compressor
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Number of stages 1.5

Number of IGV /rotor/stator blades | 87/80/87

Rotor tip radius 240 mm

Rotor blade height 23.04 mm

Rotor chord at hub 23.66 mm

Hub to tip ratio (rotor inlet) 0.9

Design tip clearance 0.3 mm

Average solidity (Rotor/Stator) 1.23/1.17

Aspect ratio (Rotor/Stator) 1.18/1.20

Table 3.1.: Stage characteristics of the VITAL test section
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Figure 3.5.: Circumferential distribution of the rotor tip clearance at leading and
trailing edges at 100% and 105% nominal speed and after stall

into stall at nominal speed and up to 105% of nominal speed (105% NN + Stall).
After this test, only a very slight change in clearance could be noticed, except be-
tween 90° and 120°, where the tip gap was reduced from 0.25 to 0.2mm. Of course
it has to be recalled that the wear gauge technique is providing a measurement of
the smallest gap as created by the longest blade on the rotor.

In order to get the complete flow characteristics in the compressor, various
aerodynamic parameters (static and total pressure, total temperature, flow angle,
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Mach number) have to be measured at four axial positions in the compressor stage.
These positions correspond to the stage inlet (station 1), the rotor inlet (station
2), the rotor outlet (station 3) and stage outlet (station 4), as shown on Fig[3.6]
Usually, the stage performance is measured by inlet and outlet rakes. This option
was not used in the present case, considering the very small blade height and the
blockage induced by the rakes.

Station 4 Station 3 Station 2 Station 1

Figure 3.6.: The four axial positions of measurement station in the compressor
stage

At each axial position, the instrumentation can be placed at four circumferential
positions. This allows verifying the circumferential uniformity of the flow in the
test section as well as minimizing the number of tests by carrying out simultaneous
measurements. The circumferential positions correspond to 0°, 90°, 180° and
270°. The radial distribution of the various aerodynamic parameters measured are
obtained thanks to carriage systems installed on the test section, Fig[3.7 These
systems, supporting the probes, give the opportunity to move the probes along
the blade height. The radial position of the probe is controlled via a motorization
and an encoder placed on the shaft of the system. The encoder gives an accuracy
on the radial position equal to 25pulses/0.05mm.

The calculation of the pressure ratio and the efficiency of the compressor stage
is based on complete measurement maps over the entire blade height and over
two blade passages at the outlet of the stage. The carriage system has then to
be coupled with a circumferential traverse mechanism. This system consists of
a circumferential rotation of the stators instead of probes. This allows avoiding
the presence of grooves in the tip casing in case of circumferential displacement of
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Figure 3.7.: Probe radial traversing system installed on the test section

probes, leading to high disturbances of the flow in the tip region. This mechanism
is composed of three elements. The first one is a fastening system between the
two stator rows, making them moving as a single block. The second element is the
electrical motor coupled with a wheel-worm system allowing the circumferential
displacement of the stators. And the last element is the encoder measuring the
position of the stators with an accuracy of about 1% of the blade passage, or
0.15mm. A schematic view of the displacement mechanism and the encoder is

presented on Fig[3.8

The test section is equipped with several wall static pressure taps. These are
placed at various axial and circumferential locations as follows: 6 circumferentially
distributed in the tip casing at the inlet of the stage, 6 in the hub casing at the
inlet of the stage, 16 at the tip at the outlet of the stage, 6 and 16 holes are
located two axial chords downstream the stator in, respectively, the tip and the
hub casing, and finally 6 wall static pressure holes are positioned at the end of
the divergent downstream of the test section. All these pressure holes allow the
determination of the uniformity of the flow in the test section. This uniformity
was studied by Edi Andrade in 2007 [3]. Furthermore, the wall static pressure
holes, located at the inlet and the outlet of the stage, are used to complement the
radial distribution of the total and static pressure at these two positions.
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Figure 3.8.: schematic view of the circumferential displacement mechanism and its
encoder

3.3. Aero-Dynamic Design of the First Stage of the
Booster for Contra-Rotating Turbofan
Architecture

As presented in chapter [I] the contra-rotating turbofan is characterized by a lower
rotational speed of the low pressure components compared to classical engines.
This leads to unusual high values of the loading- and flow coefficients. Further-
more, the higher mean radius of the booster in the case of contra-rotating archi-
tecture induces a lower aspect ratio of the booster blades. These elements have
to be considered in the aerodynamic design of the compressor stage used for the
experimental study.

The aerodynamic design of the compressor was done by Prof. J.-F. Brouckaert at
the von Karman Institute according to the specifications from the industrial part-
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ner Techspace Aero [13]. These specifications were obtained from the meridional
design of the full scale booster, performed on the basis of a streamline curvature
code including boundary layer calculation. Both rotor and stator solidity distribu-
tions were imposed by the specifications and conserved. The design of the blade
profiles has been done at three different radii (10%, 50% and 90% of the blade
height) by using an inviscid inverse design method starting from NACA profiles,
modified to obtain controlled diffusion blades. Each blade profile performance was
checked for design and off-design incidence by 2D Navier-Stokes calculations. To
generate the three-dimensional blade shape, a simple radial stacking of the profiles
has been adopted, using the center of gravity of all sections for the rotor as well
as the leading edge for the IGV and stator, with a spline interpolation between
sections. These calculations were performed with the turbomachinery code TRAF
with a Baldwin-Lomax turbulence model [7].

In terms of similitude between the real booster and the model studied, the
Reynolds number, the solidity of the rotor and the stator, the inlet Mach number,
the non-dimensionalized mass flow as well as the non-dimensionalized rotational
speed are conserved. The principal aerodynamic design characteristics are sum-
marized in table [3.2]

Mass Flow (Cruise/Take-off)

Hub to tip ratio (rotor inlet)
Average solidity (Rotor/Stator)
Aspect ratio (Rotor/Stator)
Reynolds number (Cruise/Take-off)
Rotor loading coefficient

Rotor Flow coeflicient

Degree of Reaction

Pressure Ratio (Cruise/Take-off) 1.14/1.15
Efficiency (Cruise/Take-off) 84/85 %
Power (Cruise/Take-off) 207/303 kW

9.03/22.68 kg/s
0.9

1.23/1.17
1.18/1.20

200 000/700 000
1.04

1.58

0.77

Table 3.2.: Stage characteristics of the VITAL test section

3.4. The Numerical Simulations Tools

The experimental results are compared to numerical simulations. This allows to as-
sess the numerical capability to predict the global performance, the stability limit,
the unsteady phenomena and the effect of an axisymmetric casing treatment in
a low-pressure compressor. Furthermore, the possibility of the flow visualization
allowed by the CFD gives a better understanding of the physical phenomena occur-
ring in the compressor stage. Two CFD codes were used with various turbulence
models. The comparison of the results of the turbulence models allows to highlight
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the impact of the model on the results and to choose the most appropriate model
for investigation of the effect of the casing treatment.

Figure 3.9.: Mesh topology around the rotor blade

The first numerical code is the Fine Turbo software developed by NUMECA
International. This code solves the Reynolds Averaged Navier-Stokes equations
using a cell centered finite volume method and implementing a 4-step Runge-Kutta
method with an implicit (Zhu) residual smoothing phase for the (pseudo-)time
discretization and a central Scheme with a Jameson type dissipation for the space
discretization.

The meshes of each blade row have been generated with the AutoGrid5 software.
Around the blades, they are based on a general O4H default topology with matched
periodicity combined with a butterfly OH grid in the tip gap as shown on Fig[3.9
The mesh counts 0.85 million grid points for the IGV, 1.6 million for the rotor and
0.9 million for the stator. The global mesh holds about 3.35 million grid points.
The average value of the dimensionless wall distance at the first nodes from the
surfaces is around 1.

Regarding inlet conditions, the measured total pressure and total temperature
profiles were imposed at the inlet of the compressor stage. As stage outlet bound-
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ary condition, a radial equilibrium throttle condition was applied, fixing the static
pressure at the shroud. For all the computations, the Yang-Shih k — € turbulence
model [I17] was used and the measured turbulence level distribution was imposed
at the inlet of the stage for all throttling conditions.

The second code was used by our partner CENAERO. This code is the elsA
software (Ensemble Logiciel de Simulation en Aerodynamique) developed at ON-
ERA. The software AutoGrid5 was used for the generation of the meshes of each
blade row as well, and their topology is the same as for the FINE code. The global
mesh holds about 4 million grid points, 1.1 million grid points for the IGV and the
stator and 1.8 million for the rotor. In terms of boundary conditions, the same
parameters were used as for the other code. Several turbulence models were used
for the elsA code: the Launder-Sharma k — € model [68], the Smith & — [ model
[98] and the k& — w model of Wilcox [111].

The simulations performed with the two codes are fully turbulent. The four
turbulence models used for the simulation of the compressor are two equations
models. This means that these models include two transport equations for the
representation of the turbulent properties of the flow. The k& — € model is based
on the turbulent kinetic energy k, giving the energy in the turbulence, and the
turbulent dissipation e, representing the scale of the turbulence. This model was
developed for finding an alternative to the algebraic models that are not suited for
the simulation of moderate to high complexity flows. The equations of this model
contain several constants. The values of these constants were determined empiri-
cally and are dependent on the developer of the model. This model is particularly
efficient for free-shear layer flow with a relatively small pressure gradient. The
accuracy of the predictions when using this model has been shown experimentally
to be wanting for internal flows with large pressure gradients and flow separations.
This makes this model inappropriate for the simulations of compressors.

The turbulence model k — w is based on the turbulent frequency w. The treat-
ment of the near-wall region is improved by the switching from a wall function
to a Low-Reynolds formulation. This model shows higher performance for wall-
bounded configurations, transition, high adverse pressure gradient, and under low
Reynolds conditions. Furthermore, this model has a higher numerical stability.
Nevertheless, the flow separation is predicted to be excessive and early by this
model.

The k£ — [ model is based on the characteristic length of the large scale of tur-
bulences [. This term remains linear at the edge of the viscous layer whereas €
presents a very steep maximum [65]. Numerically, the regularity of I makes this
model more favorable. Furthermore, this model has a low sensitivity to the distri-
bution of the grid points close to the wall, and the compressibility is better taken
into account by the model £ — [ than by the k — ¢ model. Nevertheless, Castillon
et al. [16] showed that the k — e model is more appropriate for the simulation of
transonic compressor but requires a higher CPU time computation.

A large investigation of the performance of various turbulence models in turbo-
machinery applications was presented by Dano in 2003 [23]. In this work, Dano
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investigated the simulation of the tridimensional unsteady flow in turbine stages
with various two equations turbulence models, including k — €, k — [ of Smith and
k —w of Wilcox. This investigation is based on the comparison of the numerical re-
sults with experimental measurements. The author has concluded that the model
k — 1 is particularly good for the simulation of the flow structures and phenomena
present in turbomachines. At the same time, Dano showed that the model k — €
has a low robustness in these configurations, and that the model k — w gives very
poor results.

3.5. Test Conditions

The working conditions of the compressor were determined in order to keep the
similarity between the real booster of a contra-rotating turbofan architecture and
the reproduction at scale 1:2, according to the specifications given by Techspace
Aero.

In terms of rotational speed, the similarity calculation gives a reduced rotational
speed Npgeq equal to 6.613. The reduced rotational speed is defined as:

NDR
VARTy’

where N is the mechanical rotational speed of the compressor, D is the diameter
of the rotor, -y is the specific heat ratio, R the perfect gas constant and Ty; the inlet
flow temperature. The reduced rotational speed is then dependent on the inlet
flow temperature. At 293K the rotational speed giving a reduced rotational speed
of 6.613 is 4728 RPM. But as the temperature is not constant, the mechanical
rotational speed has to be adjusted continuously. This adjustment is nevertheless
lower than 0.1% of the nominal speed.

The R4 closed loop facility allows the pressurization of the test section from
300mbars absolute to maximum 3bars absolute. This allows studying the effects
of the Reynolds number on the compressor performance. In the case of the study of
a compressor of an aircraft engine, as carried out in this thesis, two Reynold num-
bers are particularly interesting. They correspond to the cruise and the take-off
regime. Under cruise conditions, the total pressure at the inlet of the compressor
stage, giving the same Reynolds number as in the real engine, is equal to 1010mbar
absolute, corresponding to nearly the atmospheric pressure. The Reynolds number
corresponding to the take-off regime of an aero-engine is reached by the pressur-
ization of the loop. The similarity calculation for the Reynolds number gives a
pressure of 3.5bars absolute at the inlet of the compressor stage. But under these
pressure conditions, the power absorbed by the compressor is equal to 303kW .
On Figl3:2] the maximum available power at 4728 RPM is 241kW. The second
Reynolds number studied was then obtained with a pressurization of the loop the
2.5bars instead of 3.5bars absolute as initially planned. The reduced rotational
speed of the rotor is kept the same as for the cruise conditions.

Npea = (3.1)
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The characterization of the compressor stage was performed at four operating
points covering the entire operating range of the compressor. These points are
defined as:

e Point A - Choke conditions. This point is reached with fully open throt-
tle valve and corresponds to the maximum mass flow passing through the
COMPressor.

e Point B - At this point, the pressure ratio from the fixed instrumentation
located at mid-span is maximum.

e Point C - Design conditions. This point corresponds to the design parameters
given by our industrial partner Techspace Aero.

e Point D - Near stall conditions. This point is the last stable point before the
compressor runs into stall.

3.6. The Circumferential Groove Casing Treatment

a=0.15%c_ax

b=1.5 mm

c=1.5 mm
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Figure 3.10.: Circumferential groove geometry
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The circumferential groove casing treatment investigated in this study was cho-
sen primarily on the basis of industrial considerations. Circumferential grooves
are probably the simplest and most cost effective geometry to apply on a real en-
gine as far as machining is concerned. Furthermore this kind of casing treatment
allows an improvement of the stall margin with the smallest efficiency- or pres-
sure ratio decrease, which is an essential requirement for engine applications. The
stall margin improvement with a circumferential groove is usually lower than with
other casing treatments but is generally sufficient for aircraft engine application.
The greater mechanical integrity of grooved casing treatments is also an important
aspect.

The geometry of the groove was also dictated by real engine considerations
like forward axial displacement of the rotor, rub-in upon hard landing, erosion or
fouling. The basic geometry selected by the industrial partner (Techspace Aero)
is therefore somewhat away from the usual design recommendations that may be
found in literature so far. Furthermore the choice of the exact geometry of the
circumferential groove is based on a parametric study performed by our partner
Cenaero. For this parametric study, the turbulence model used was Launder-
Sharma k — € and all the computations were performed at constant mass flow,
corresponding to the last stable point of the smooth casing configuration. In all
computations with the circumferential groove casing treatment, the structured
groove mesh is connected to the main channel with the chimera technique. From
the parametric study, a groove depth of 1 mm was chosen, which corresponds to
4.5% of the blade height or 4 to 8 times the tip gap, as presented here above. The
length or axial extent of the groove was chosen to be 3mm (12.7% of rotor axial
chord), i.e. with an aspect ratio of 1/3. The configuration retained is presented

on Fig
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Chapter 4.

Overall Performance of the Compressor
Stage

This chapter sets out the experimental overall performance of a single stage low
pressure axial compressor designed for a counter-rotating turbofan engine archi-
tecture. The single stage is representative of the first stage of the booster of this
particular engine architecture. As presented in the introduction of this thesis, this
compressor stage is characterized by unusually high values of both loading- and
flow coefficients.

The determination of the global performance of a compressor is based on steady
measurements of pressure, temperature, velocity and flow direction. First comes a
description of the specific instrumentation used for these measurements, including
the calculation of the uncertainties on the measurements. In addition, there is a
presentation of the hot-wire measurements used for the flow turbulence character-
ization.

The flow-conditions measured at the inlet of the compressor stage were imposed
as inlet conditions in the numerical simulations. These conditions, including the
boundary layer size, the turbulence level and the radial distribution of the flow
characteristics, are detailed in this chapter.

The experimental performance of the compressor stage in terms of mass flow,
pressure ratio, efficiency and stability margin is presented and compared to the
results from the numerical simulations for two Reynolds numbers, corresponding to
the cruise and the take-off conditions. The comparison of the experimental results
with the numerical simulations, performed with various turbulence models, allows
determining the model matching best the measurements. These characteristics of
the compressor are derived from the mapping of the flow parameters at the inlet
and the outlet of the stage.

A description of the performance of the rotor alone is given and also compared
to the numerical simulations. The determination of the Greitzer criterion for this
particular compressor will give us preliminary information about the instability
mode that occurs in the compressor.

The influence of the rotor casing configuration on the overall performance of
the compressor stage is studied. The two casing architectures considered are the
smooth casing, representative of the initial configuration, and a circumferential
groove casing treatment.
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4.1. Instrumentation for the Overall Performance
Determination

The very small size of the flow passage in the test section (blade height of about
23mm) led to the manufacturing of specially designed probes with careful attention
to the miniaturization. For the same reason, the use of the classical pressure and
temperature rakes, both at the inlet and the outlet of the stage, has been avoided.
In consequence, the completion of full area probe traverses were required, in order
to establish the performance data of the compressor.

4.1.1. Steady Pressure Measurements

All the steady pressure measurements were performed using the variable reluc-
tance relative pressure transducers from the Validyne Engineering company. The
principle of this type of transducer is based on the variation of a magnetic field
due to the displacement of a metallic diaphragm. The diaphragm is positioned
between two magnetic cores wound with induction coils [4]. A pressure difference
between the two faces of the diaphragm bends it, inducing a variation of the reluc-
tance of the magnetic field and thus a change of the induction in the coils. These
transducers present a high robustness, a good stability and a large measurement
range. Because of the presence of the cavities on both sides of the diaphragm, the
frequency response of this type of transducer is very limited and its use is restricted
to steady pressure measurements. As to the reference pressures, the atmospheric
pressure is taken into account for the tank pressure measurement and the tank
pressure for all the others. This system of reference pressures allows decreasing
the pressure difference between the two sides of the sensors, leading to the use of
thin membranes, characterized by a higher accuracy on the measurement.

The in-situ static calibration of the pressure transducer is performed at the be-
ginning of each measurement day and is based on the pressurization capability of
the facility. These calibration parameters are determined by means of the acqui-
sition of the signals from the various transducers at two different pressure levels.
During the static calibration, the reference of all the transducers were connected
to the atmospheric pressure. The first pressure level is the atmospheric pressure
reached by opening the facility to the atmosphere, i.e. the pressure difference
between the reference and the measurement point is equal to zero for all the trans-
ducers. The pressure of the second calibration point is equal to 100mbar. This
pressure level is reached by closing and pressurizing the facility, the reference pres-
sure of the transducers being kept at the atmosphere. The value of the pressure
for the second calibration point is read on a mercury manometer. This procedure
allows establishing the calibration curves for all the pressure transducers simul-
taneously. The comparison of the calibration parameters of the same sensors,
determined on different days, shows that the offset and the slope vary respectively
by less than 0.7mbar and less than 1.2%. The maximum variation corresponds to
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long periods of inactivity. These values correspond to about five times the uncer-
tainty on the reading of the pressure level on the mercury manometer. Indeed,
this manometer being graduated with an accuracy of 0.1 mmH g, the reading error
on the pressure value is equal to 0.1332 mbar. The variation of the slope and the
offset is due to the electronic components of the measurement chain. This gives
an idea about long term stability and shows the importance of a daily calibration
of the transducers.

The steady static- and total pressures are measured at various locations in the
test section. Fixed probes are used for the measurement of the inlet total pressure
at mid-span as reference pressure. The wall static pressure is measured via pressure
taps, and the radial distribution of the total pressure at various axial positions is
established using moving pressure probes. All these pressure measurements allow
the complete determination of the pressure distribution in the test section.

Figure 4.1.: The head of the Prandtl probe

The inlet total pressure measured at mid span is used as a reference for the
pressure measurements. This pressure is measured using a fixed Prandtl probe,
see Figll1] This probe consists of a tube directed parallel to the airflow, with a
hole at its tip and four holes distributed on the probe’s circumference. The hole
at the tip of the probe is used to measure the total pressure. The holes on the
circumference of the probe are connected to a single port, and are used to measure
static pressure, averaged over the circumferential holes.

The wall static pressure conditions at tip and hub were measured by the use of
static pressure holes. Six holes at tip and hub located at the same axial position as
the stage inlet measurement plane are distributed along the circumference of the
test section. The holes of each radial position were connected together in order to
get an averaged value of the static pressure over the circumference.

The radial distribution of the total pressure at the various axial positions is based
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RN

Figure 4.2.: The head of the Kiel probe

on a Kiel probe, Fig[d.2] This probe is a variation of the Pitot probe where the inlet
tube is protected by a shroud. This arrangement allows a large reduction of the
probe sensitivity to the flow angle. The exact sensitivity of the probe measurement
to the flow angle was determined at various Mach numbers in the C4 free-jet facility
at the von Karman Institute. Figure gives the pressure ratio Pprobe/Pre ference
of a total pressure probe, where P,,.qpc is the total pressure measured by the probe
in the jet and Prcerence is the real total pressure of the jet measured in the settling
chamber. This figure shows that the Kiel probes are insensitive within 1% to the
flow angle in a range of £22.5°. An offset between the geometrical zero and the
aerodynamic zero of 5° is visible. This comes from the manufacturing of the probe.
On account of the miniaturization of the instrumentation, the inlet tube of the
probe is not perfectly centered in the shroud, and the shroud is not exactly aligned
with the inlet tube. During the measurement campaigns, the probes were always
aligned to the mean flow direction taken from the compressor design values. This
allows to stay in the angle insensitivity range of the probes, even neglecting the
angular offset of 5°.

The Kiel probes, used in this project, have a very small size. The stem, the
shroud and the support between them have a diameter of, respectively, 6, 1.5 and
1mm. This very high miniaturization of the instrumentation is imposed by the
small height of the blades in order to avoid important blockage. Despite of this
miniaturization, the size of the probes do not allow to perform measurement close
the wall. In the case of the Kiel probes, the measurement are limited between 4
and 96% of the blade height.

The accuracy of the pressure measurement is depending on several elements be-
cause of the large number of components of the measurement chain. The absolute
pressure F;, at radial location ¢, is the sum of the pressure Pp.ope,; measured at
this point relative to the tank (since the pressure of the tank is taken as reference
for all the pressure sensors), of the pressure in the tank measured relative to the
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Figure 4.3.: Angular sensitivity of the total pressure probes

atmosphere P,,,%, and the atmospheric pressure P,yy,:

Pi = Pprobe,i + Ptank + Patm (41)

From this equation, the uncertainty on the pressure measurement is computed
from the following equation:

OP; = \/(5Pprobe,i)2 + (6Ptank:)2 + (5Patm)2 (4'2)

The pressure of the probe is calculated by the linear relation between the voltage
and the pressure determined by the static calibration Pprope = SI.V 4 O, where
S and O are respectively the slope and the offset of the calibration curve. The
uncertainty on the pressure Pp.pe is given by:

6Pyrone =\ (VOSI)? + (SLSV)? + (50)? (4.3)

The calculation of the uncertainty on the slope 4.5 is based on the expression

of the pressure sensitivity of the transducer SI = %. The derivation of this
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expression gives the uncertainty:

581 = \/(Alv.é(AJD))2 + (‘A@f.a (AV)>2 (4.4)

The values of the uncertainty on the pressure variation §(AP) and on the off-
set 00 come from the static calibration of the probe and are depending on the
uncertainty on the pressure level of the two calibration points § P.qip:

(5(AP) = 2~6Pcalib and 060 = 5Pcalib' (45)

The uncertainty d P4, comes from the reading of the pressure level on a mercury

manometer. As explained above, this uncertainty is equal to 0.lmmHg, corre-
sponding to 0.1332mbar. The atmospheric pressure P, used in equation {.1
being measured on the same device, its uncertainty will be equivalent.

O0P.q1ip = 0Py = 0.1 mmHg = 0.1332 mbar (4.6)

The uncertainty on the voltage variation §(AV') in equation is equal to two
times the error on the voltage due to the accuracy of the acquisition system dV.
The acquisition system used for the measurement in this project is a 16bits over
a range of 10 Volts giving an uncertainty on the voltage of:

2
ov =2 _ 30518 mV (4.7)

216

The pressure in the tank relative to the atmospheric pressure is calculated the
same way as for the pressure of the probe Py ope.

This procedure of the determination of the pressure uncertainty is applicable
to all the pressure measurements. Except, of course, for the pressure in the tank
where equation is simplified by the removal of the term Py ope,;i-

Finally, this calculation gives a value for the uncertainty of about 0.04%. Under
Cruise conditions, the measured total pressures are between 1010 and 1210mbar.
The uncertainty on these values under cruise conditions are lower than 0.5mbar.

4.1.2. Temperature Measurements

The total temperature measurements in the test section were performed using
thermocouple probes presented on Figlf:4] These probes have the advantages of
being very small, inexpensive and presenting a good accuracy on the temperature
measurement. The thermocouple principle is based on the ”Seebeck” effect. This
effect is the fact that in a metal a temperature gradient always goes together with
a difference of potential. The difference of potential is depending on the tempera-
ture gradient and on the metal type. This allows to measure the ”Seebeck” effect
by means of a system composed by two different metals. The principle of the
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Figure 4.4.: The head of the shielded thermocouple probe

thermocouple measurement device is shown on Fig[f:] The voltage between the
two metallic wires is depending of the temperature difference between the junction
(1) and the extremities of the wires (2) and (3). In case of direct measurement
of the voltage, the extremities of the wires are connected to a voltage measure-
ment device. The voltage measured is proportional to the temperature difference
between the junction and the voltmeter. In order to avoid the influence of the
temperature of the voltmeter, a reference temperature area, characterized by a
constant temperature, is included in the circuit. The extremities of the two wires
are connected to identical material wires and these two new junctions are placed
in the reference temperature area. The voltage is then measured at the extremities
of these two new wires. As these two wires are composed of the same material
and their extremities are at the same temperature (reference and voltmeter), their
influence on the global voltage difference is null. This difference is thus only de-
pending on the temperature difference between the reference temperature (2 and
3) and the junction temperature (1), [92].

/ \ L ———,
4

\\
+ (2) | Metal X
*~—
Voltmeter | MetaliZ i >(1)
o—
= (3) i Metal Y
\ ‘ \~___‘,'
Reference
Temperature
Area

Figure 4.5.: Thermocouple measurement circuit with reference temperature area
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In the frame of this work, the thermocouple probes used are Chromel-Alumel
thermocouples (type K) with a junction diameter of about 100um. This type of
thermocouple has a temperature range of 1520K with a sensitivity of 40uV per
Kelvin. The very low level of the voltage imposes the use of an amplification system
in the measuring chain to get a sensitivity of 100mV per Kelvin. The reference
temperature area is an integrated circuit called cold junction compensator with
an artificial temperature of 273.15K. The dimension of the thermocouple probes
are similar to the Kiel probes, leading to a similar measurement radial range.

The principle of the thermocouple is based on the determination of the tem-
perature of an environment via the measurement of the temperature of the wires’
junction. In the case of gas applications, the temperature of the junction is differ-
ent from the temperature of the gas and depends on the heat transfer mechanism
between the environment and the thermocouple probe:

e heat transfer between the walls and the probe by radiation,
e heat transfer by conduction along the wires and the probe,

e conversion of kinetic energy into thermal energy in the boundary layer around
the thermocouple.

e heat transfer from the boundary layer to the junction by convection

Three types of measurement error result from these heat transfer mechanisms,
[60]. The conduction error and the radiation error come from the conduction and
radiation phenomena. The last source of error is the velocity of the flow and
is called velocity error. Ideally, the flow total temperature should be obtained
by bringing the flow to rest adiabatically, allowing the conversion of the kinetic
energy of the fluid in thermal energy. In reality, the gas is not stopped and its
deceleration by the presence of the probe is not adiabatic. A significant portion of
the kinetic energy is lost through viscous dissipation, whose amount is dependent
on the geometry of the immersed body and the molecular Prandtl number of the
fluid. This causes the velocity error.

In order to take these velocities into account in the determination of the gas
temperature, the recovery factor is defined as:

T, -Ts

T T, Ty

(4.8)
with Tj the total temperature of the gas, T'; the temperature of the thermocouple
junction and Ty the static temperature of the flow. This equation can be written

in function of the Mach number by using the relation of the temperatures for
adiabatic and perfect gases [101]:

r1< rv'z+m—1mﬁ

ST ANV T

= (4.9)
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where M is the Mach number and + is the specific heat ratio. This ratio is equal
to 1.4 for dry air at 293K. A well designed thermocouple probe has a recovery
factor close to 1. The use of a shield around the thermocouple junction allows the
reduction of the radiation and velocity errors. This makes the recovery factor to
increase.

In accordance with these relations, the total temperature of a flow measured by
a thermocouple in function of the junction temperature is given by the equation:

Ty
[1- (1= 7). 5525 ]

To = (4.10)

2 (y—1)M?

Subsequently to the principle of the thermocouple probes, the calibration of
these probes has to be performed in two steps. First, the relation between the
temperature of the junction of the thermocouple and the voltage measured at the
outlet of the amplifier has to be established. This is the static calibration. This
part is done by means of an oil bath with a mercury thermometer as reference.
During the various test campaigns performed in the frame of this project, four
thermocouple probes have been used. Two fixed probes were placed at mid-span
at the stage inlet (Tprobe5) and at the stage outlet (Tprobe6) as reference temper-
atures. The two others were used for the determination of the radial distributions
of the total temperature at various axial positions (Tprobe7 and Tprobe8). These
probes were designed in order to be placed on the traversing carriages. Figure 4.6
shows the calibration curves of the thermocouples used for this project.

Temperature static calibration
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Figure 4.6.: Static calibration curves for the various thermocouples used in the
VITAL project

The second part of the calibration allows the determination of the recovery
factor in order to take into account the influence of the velocity errors on the
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temperature measurement. This calibration was performed in the C4 calibration
facility at the von Karman Institute. The recovery factor determination is based
on equation Figure shows the recovery factor for the four thermocouple
probes.

Recovery Factor

= 07
E 06 . /ﬂ/
s 05 /4 d
ué ' y = Tprobe?
2 w4 —m— Tprobed
§ 0.3 = Tprobe5
X g7 —m— Tprobef

01

0

0 02 04 06 08 1
Mach [-]

Figure 4.7.: Recovery factor as a function of the Mach number for the various
thermocouples used in the VITAL project

A very high dispersion of the calibration curves of the recovery factor is visible
on this figure. Two elements can explain this phenomenon. The first element is
the uncertainty on the recovery factor. As presented below, the uncertainty on
the recovery factor is dependent on the Mach number. At low Mach number, the
uncertainty is generally higher than the value of the recovery factor. A part of
the dispersion at low Mach number is then ascribable to the uncertainty on the
recovery factor.

The second element explaining the high dispersion is the dependence of the
recovery factor of a thermocouple on its design. This was studied by Paniagua
[86] in 2002. The ratio between the length and the diameter of the wires as well
as the ventilation ratio of the shield have an influence on the recovery factor.
Furthermore, the size of the junction has a strong importance in the gas-junction
convection phenomenon. The thermocouple probes used in the frame of this work
were manually manufactured at the von Karman Institute. Variations of the three
geometrical parameters cited above exist and can be important. These variations
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lead to a high variation of the recovery factor of the various probes.

From equation |4.10, and assuming a constant adiabatic ratio v without error,
the uncertainty on the total temperature measurement by a thermocouple probe
in the test section is a function of the uncertainty on the temperature of the
thermocouple junction, on the recovery factor and on the Mach number of the
flow. This uncertainty is given by the relation:

dTy 2 oeny \? (0T, 2
To =1/ [ =0T =, 2 5M ) . 4.11
5T, \/<8TJ§J)+<8T5T + (5379 (4.11)
With a7 )
0
= — (4.12)
—1).M
O 1-(1-r) .57
T, Ty Ao T 2 2
b T (1) T (=1 M2 (24 (v - 1).M7)
or o \2 247 (y—1).M2)?
(1 — (=) 'Qi’Y(’Y*)l).MQ) 247 (y—=1).0M7)
(4.13)

Ty  T;.(1—r)4 (y—1).M
OM (2471 (7 —1).M2)>
The development of the last equation is given in the App[A]
The uncertainty on the junction temperature measurement 07’ is determined

by the linear relation between the voltage measured by the acquisition system and
the temperature, established by the static calibration:

T;=SLV +0 (4.15)

, (4.14)

In accordance with this equation, the determination of §7'; follows the same pro-
cedure as for the uncertainty on pressure presented in the previous section. The
only parameter that is changed is the uncertainty on the reference level during
the static calibration. In the case of the temperature, this uncertainty comes from
the reading of the reference temperature on a mercury thermometer graduated to
0.1K, so it is assumed that:

6T eqriy = 0.05K. (4.16)

The uncertainty on the recovery factor dr, in equation has two origins.
Indeed the recovery factor is a function of the Mach number r» = f(M). The
uncertainty on r is due to the uncertainty on the Mach number at the measurement
point 6 M on the one hand, and to the uncertainty on the function f(M) from the
calibration, d f (M), which is also a function of M, on the other hand. The global
uncertainty on the recovery factor is then the maximum of the absolute value of
the difference between the value of the recovery factor r and the value of this
factor plus or minus the uncertainty on function 6 f(M) over the Mach number
error range, as presented on Fig[4.8}

or = max (abs [f(M)+ 5f(M)]%f§%) (4.17)
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________________ P L

Figure 4.8.: Uncertainty on the recovery factor due to the uncertainty on the Mach
number

From equation the uncertainty on function f(M), giving the recovery factor
in function of the Mach number, is caused by the uncertainty on the reference
total temperature Tp .4, the uncertainty on the junction temperature Ty .q; and
the uncertainty on the Mach number M.,; during the calibration at the C4 VKI
facility:

or ar or
or = 4 [(==.0Tp)%2 + (==.0T;)% + (=—— .0 M)2. 4.18
This equation can be solved using the following relations:
P _T
T T3
—_— = 4.19)
—1 .J\/[2 ) (
Ty ( 2-(s-7(~,—)1).M2 )
or 1
—= 4.20)
. EBTERY (
871] (TO Qipy(,y_)l)_MQ )
T; 4
o _q-5L (4.21)

M (1- ?O)(m)-
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The uncertainties on the reference and junction temperatures come from the static
calibration of the two thermocouple probes. This uncertainty has been presented
earlier. The uncertainty on the Mach number in the C4 facility comes from the
pressure uncertainties. Indeed, the Mach number in this facility is determined by
means of the relation between the Mach number and the static-to-total pressure
ratio of an adiabatic perfect gas [T01]:

(2) s 1]] , (4.22)

In this relation, the total pressure Py of the jet is measured in the settling cham-
ber located upstream the convergent nozzle of the facility, and the atmospheric
pressure is considered as static pressure P;, since it is an open jet. The differential
derivation of this equation gives the uncertainty on the Mach number in the C4
facility:

2
M=,|—-.
v—1

oM = [( +.0P)? + (— —.0P,)2. (4.23)
M. Ps.(82)~ M.y.P2.(32)"

In equation the last term refers also to the Mach number. But it is not
the same Mach number. In this case, the Mach number is the measured one at
the temperature measurement point in the compressor stage. This measurement
is performed by means of a three-hole probe. This probe and the uncertainty on
the Mach number are presented in the next section.

The determination of the uncertainty on the temperature measurement, follow-
ing the procedure described above, give a value around 0.3K. This high level of
uncertainty is caused principally by the correction of the temperature with the
recovery factor and the very large uncertainty on this factor.

4.1.3. Flow Direction, Mach Number and Static Pressure
Measurements

The flow direction @ , Mach number M as well as the static pressure P were
measured by means of a miniature three-hole probe. This probe is constituted by
three pipes placed side by side in the same plane, see Fig[4.9] These pipes are cut
following different directions. The central pipe, called P., is cut perpendicularly
to its axis, and the two others, called Pr, and Pg, are cut, respectively, at +45°
as shown on Fig[4.10] This tubes have a 0.6mm external diameter and the total
width of the head is 2mm. The radial range of measurement with this probes is
from 1 to 96% of the blade height.

The determination of the flow direction, flow velocity and the static pressure is
based on the definition of four coefficients expressing the sensitivity of the probe to
these parameters [IT]. The coefficients give a relation between the three pressures
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Figure 4.9.: The miniature three-hole probe used for the determination of the ra-
dial distributions of the velocity, flow angle and static pressure

Figure 4.10.: Three-holes probe schematic view

P,, P;, and Pg from the probe on the one hand, and the flow angle a, the Mach
number M, and the total and static pressure Py and Ps on the other hand:

e Angular Sensitivity
P, — Pg

Kyauw(as M) = 5—ppy (4.24)
c 2
e Pressure Sensitivity
P, — P,
KTot(aa M) = tT—i—P (425)
P, — ~L5HE
Pt - Ps
e Mach number Sensitivity
P
KMach (a, M) = (427)
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The values of these coefficients are only dependent on the geometry of the probe.
They were determined experimentally during a calibration phase in function of the
flow angle o and the Mach number M. This calibration was performed in the C4
calibration tunnel of the von Karman Institute over an angular range from —20°
to 20° in steps of 2°, and over a Mach number range from 0.2 to 0.8 in steps of
0.1. The coefficient maps were refined by means of a linear interpolation method.
Finally this method allows the determination of the four coefficients over the same
range of angles and Mach numbers, and with a refinement of 0.5° and 0.01 for the
Mach number. The interpolated values of the four coefficients in function of the
Mach number M and the flow angle « are presented on Fig[4.11]

The determination of the flow angle, flow velocity and static pressure in the
compressor stage is then based on the three pressures from the three-hole probe
P,., P;, and Pgr, and on the coefficient maps from the calibration. Given the
independence of the four coefficients, the determination procedure is iterative.

Firstly, the values of the coefficients Kyquw,m and Karach,m, at the measurement
point m, are calculated from the pressures measured, using equations and
Considering the calculated Kyqu,m and an initial Mach number M; of 0.5, a
first angle oy is determined by means of the calibration map of coefficient Kyq..
Using this angle o, the value of coefficient Kjysqch,m and the calibration map of
coefficient Kprqcn, a new Mach number M; is determined. This procedure is then
repeated with the new value of the Mach number until the the difference between
the new Mach number M; and the previous one M;_1 is inferior to 0.01. The flow
angle and Mach number are then equal to the last calculated a; and M;. This
iterative method is really fast, usually less than 4 iterations are required to reach
the criterion of convergence. This is due to the quasi independence of coefficient
Ky from the Mach number. The two calculated values of the Mach number and
flow angle are then used in order to determine the coefficients Krorm and Kpyn,m
from the calibration maps of these two coefficients. Finally, the static and total
pressures at the measurement point are calculated by means of the equations
and [£.26] and with the calculated values of Ko, Kpyn, and the measured values
of Pc, PL and PR.

The effect of the pitch angle on the three-holes probe has been completely ne-
glected. This comes from the very low pitch angle in the compressor stage, lower
than £5° according to the CFD computation, and the negligible difference in the
calibration curves performed with a pitch angle of 0°, 5° and —5°.

4.1.4. Three-hole Probe Measurements Uncertainty

The determination of the uncertainty on the angle, Mach number, total and static
pressure measured with the three-holes probes is complicated and required some
simplifications. The first approximation consists to suppose the angle proportional
to Kyqw and independent from the Mach number. Then, the uncertainty on the
Mach number can be determined from the maximum variation due to the uncer-
tainty on the angle and on the calibration. The uncertainties on the pressures
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Figure 4.11.: Calibration maps of the three-hole probe sensitivity coefficients as a
function of Mach number and flow angle
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are derived by using the classical partial derivation method. The procedure of
the calculation of the uncertainty on the measurement of a three-holes probe is
described in details in Appendix [A]

This procedure gives an uncertainty on the angle measurement under cruise
conditions of about 0.2°, on the Mach number of 1.5%, and on the static and total
pressure under cruise conditions of about 0.4mbar.

4.1.5. Hot Wires

Figure 4.12.: The head of the hot-wire probe

The hot-wire probe (Fig[4.12)) or hot-wire anemometer is one of the oldest mea-
suring systems used in experimental fluid dynamics. One of the main advantages
of the hot-wire anemometer is its very high frequency range. The hot-wire probes
were extensively studied by Bruun [I4]. The hot-wire probe consists of two main
parts. The first is a short (1 to 3 mm) conductive wire (5um in diameter), gen-
erally a platinum coated tungsten wire, placed in the flow. The second part of
the anemometer is composed of the electronic equipment. This equipment is used
for the power supply of the wire, and for the conversion of the wire output into
a usable signal. A current, supplied by the electronics, passes through the wire.
This current allows to heat the wire up to a fixed temperature. This temper-
ature is maintained constant by varying the voltage difference between the two
extremities of the wire, which entails a variation of the current. The heat transfer
from the hot-wire to the flow increases with increasing flow velocity. At constant
flow temperature, the flow velocity has a direct influence on the wire temperature,
meaning that a relation can be established between the flow velocity and voltage
over the wire.

For constant temperature anemometers, due to the thermal equilibrium between
the flow and the wire, the heat transfer from the hot-wire to the air flow is equal
to the heat generated by the current flowing through the wire. The steady state
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energy balance is expressed by:
Qin = Iﬁ;Rw = mdlh (T - Tf) (428)

where @Q);;, is the heat dissipated in the wire, I, is the current going through the
wire, R,, is the resistance of the wire at temperature T, d and [ are respectively
the wire diameter and length, T’ is the temperature of the fluid and h is the heat
transfer coefficient. By using the definition of the Nusselt number Nu in function
of h and k, the thermal conductivity coefficient of the fluid:

hD
Nu=— (4.29)
k
and the voltage over the wire E,,, equation [4.28| can be rewritten as:
E2
2R, = =% =nlk (T — Ty) Nu (4.30)

Ry

This relation shows the link between the Nusselt number and the current passing

through the wire. This Nusselt number is depending on various factors: the fluid
velocity, the temperature difference between the wire and the fluid, the physical
properties of the fluid and the probe geometry. A dimensional analysis gives
a relation between the Nusselt number, the Reynolds number and the Prandtl
number :

Nu = f (Re, Pr) (4.31)
where Re = Reynolds number = % = %
Cpp

and Pr = Prandtl number =

k

In accordance with the definition of the Reynolds number and the Prandtl num-
ber, and to equation relation shows that the current is a function of the
flow velocity and flow density.

Assuming constant resistance of the wire (by constant wire temperature), flow
temperature and flow density, equation [4.30| can be written as a relation between
the voltage over the wire and the flow velocity through King’s law:

E? = A+ Ba" (4.32)

where A, B and n are constants obtained by calibration. This calibration was
performed in the R4 VKI facility. The hot-wire probe was placed at mid-span
at the inlet of the compressor stage. The compressor was then run at various
rotational speeds in order to submit the probe to flow velocities covering the
entire velocity range in the test section. This range was determined based on
the numerical design of the compressor. The flow velocity was calculated from
the measurement of the static and total pressures together with the Prandtl probe

with the following equation:
P y=1
0 Y
— -1 4.33
(#) ] (433)

2
M=, ——

v—1
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As announced earlier, this calibration has to be performed at constant flow
density, corresponding to the nominal rotational speed conditions. The density is
given by the relation:

Py
TR

with R the perfect gas constant and T the static temperature. The determination
of the static temperature is based on the measurement of the total temperature
and the static-to-total pressure ratio via the equation:

p= (4.34)

y—1

P\ 7
T, = (Po) Ty (4.35)

The first step of the calibration is the determination of the flow density under
nominal conditions. Next, the compressor rotational speed is modified from 105%
to 0%. At each velocity the pressure in the tank is adjusted in order to get the
nominal flow density. The calibration curve is shown on Fig[f.13] This curve is
then fitted, using a power law curve fit:

v= (EQB_A)TIL (4.36)

giving the values for constants A = 5.547993, B = 36.976089 and n = 0.370907.

From the equation we can see that the temperature of the flow has a direct
influence on the voltage over the wire. The development presented here is valid for
temperature variation lower than 5 K [34]. If the temperature variations higher,
as it is the case in the R4 facility during the tests, the measured voltage E,,cqs at
temperature Th,eqs has to be corrected. This correction is given by the relation:

Tw - TO
Ey=F - 4.37
0 meas Tw - Tmeas ( )
where Ejy is the corrected voltage at the reference temperature Ty, and Ty, is the
temperature of the wire. The wire temperature is determined by measuring the
voltage over the wire for a constant flow velocity at two temperatures 1 and 2:

TyE? — T\ E2
T, = 22l T 438
B~ B} (4.38)

4.2. Inlet Stage Flow Conditions

The importance of establishing the radial distribution of the flow characteristics
is twofold. First, this distribution is used as inlet condition for the numerical
simulations. This allows to certify that the simulations are performed exactly
under identical flow conditions as the measurements.
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Figure 4.13.: Voltage given by a hot-wire as function of the flow velocity at con-
stant density

Secondly, the stage inlet conditions are used in the determination of various
global performance parameters of the compressor stage, like the determination of
the mass flow passing through the compressor stage, or the efficiency, or else the
pressure ratio of the compressor. As to the mass flow, its determination should be
calculated initially from a diaphragm placed in the return loop of the R4 facility.
Due to the too high pressure drop caused by the diaphragm and problems of com-
patibility of installation requirements with the international standards concerning
the use of diaphragms, the mass flow is finally a derivative of the measurement of
the radial distribution of the static- and total pressure as well as total temperature
at the inlet of the compressor stage. The global pressure ratio and efficiency of the
compressor stage are based on these radial distributions as well. The uncertainties
on the inlet flow conditions have a direct influence on the uncertainties on the
overall performance of the compressor.

The turbulence intensity is a parameter with a big influence on the numerical
simulations via the turbulence model. This is used to model the unsteady motion
of the flow which cannot be resolved directly because of the computer capacity
limitation. The turbulence intensity Tu is given by the ratio of the root-mean-
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square of the local flow velocity, vgrars, to the mean value of this local velocity
Umean:

Tu = “BMS (4.39)

Umean

where the value of vgasg over N samples is given by:

1 n
Urms = m Z (Ui - vmean)Qa (440)
1

The measurement of the unsteady flow velocity is performed by means of the
hot-wire probe.
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Figure 4.14.: Experimental radial distribution of the turbulence intensity at the
stage inlet for the various throttling conditions under cruise pressure
condition

The radial distributions of the turbulence intensity at the inlet of the compressor
stage at the various throttling conditions are presented on Fig[4.14] The turbulence
intensity is seen to vary between 1.25%, at the hub outside the boundary layer,
and up to 2.5% at about 75 — 80% of the channel height. The turbulence level
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increases from operating point A to D. This is due to the decrease of the mean
value of this local velocity vpmean. In the tip region, very high peaks of turbulence
are visible. These peaks, exceeding 10% are attributed to the artificial turbulences
created by the leakage around the probe stem. This was verified numerically in
the PhD research of Balazs Farkas. He has modeled the flow around the stem by
a cavity in the casing and by imposing as wall condition the tip of this cavity to
be an inlet. The mass flow of the leakage was adjusted by modifying the static
pressure imposed at the inlet wall of the cavity. Figure presents the radial
distribution of the turbulence intensity for smooth casing wall and with the cavity
for various leakage mass flows. A very high peak, detached from the wall, is visible
in the case of the injection. The radial position and the magnitude of this peak is
depending on the static pressure imposed at the tip wall of the cavity.

o — Point C
X ——— PointD

ki Smooth Casing

0 I 1 I 5 1 I W‘ I I 1 1l5 I U I ! 20

turb-intensity [%]

Figure 4.15.: Numerical radial distribution of the turbulence intensity at the stage
inlet for the smooth casing and for the configuration with a cavity
modeling the leakage around the probe stem for various leakage mass
flows. Simulations with the code FINE by B. Farkas

The total pressure radial distributions are measured by means of the Kiel probes.
These distributions are presented on Figld.16| for the various operating points
under cruise conditions. On this figure, the pressure is non-dimensionalized by
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the total pressure measured in the tank. Between hub and 60% of the blade
height, the difference between the total pressure profiles for the various throttling
conditions is lower than the uncertainty on the measurement. The measurement at
the various throttling points were performed at the same circumferential position.
Indeed, in 2007, Chomé [I9] has shown that there exists a slight difference of
about 1% between the radial distribution of the total pressure at the inlet of the
stage, measured at various circumferentual positions. This difference being higher
than the uncertainty on the pressure measurement (about 0.1%), the difference is
due to a circumferential non-uniformity in the test section. It is hence essential
to perform the measurement of each flow parameter at the same circumferential
position.
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Figure 4.16.: Experimental radial distribution of the total pressure at the stage in-
let non-dimensionalized by the mid-span pressure for the smooth cas-
ing configuration under cruise conditions at various operating points

Above 60%, the effect of the variation of the tip boundary layer in function of
the throttling is visible. Furthermore, Fig[4.16] shows that the boundary layer at
hub is smaller than at tip. The boundary layer at the hub is so thin that it is
not possible to catch it due to the size of the Kiel probe. The use of the hot-wire
probe is required to determine the characteristics of both boundary layers. From
the measurement of the Mach number by hot-wire at the inlet of the stage, the
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displacement thickness d4 is given by the equation [52]:

inf ,
54 :/ (1 _u )dr (4.41)
0 Vfree

where v; is the flow velocity at radial position 4, vf,ee is the velocity in the free
stream, and r indicates the radial direction. The values of the displacement thick-
ness for the various throttling points are given in table[£.1} The difference between

Throttling Point Hub Tip
A 0.1583 mm | 1.0445 mm
B 0.2244 mm | 1.5209 mm
C 0.3804 mm | 2.3887 mm
D 0.4391 mm | 3.4561 mm

Table 4.1.: Tip- and hub displacement thickness at the inlet of the compressor
stage for various operating points under cruise conditions

the displacement thickness at hub and tip is obvious. This can be explained by the
presence of the bulb at the inlet of the test section and by the recirculation area
at the outlet of the tank. The recirculation area at the outlet of the tank is due
to the enlargement of the flow channel, as presented in section and induces an
increase of the boundary layer thickness along the tip casing. In the hub region,
the bulb creates a very strong acceleration of the flow, leading to a decrease of
the size of the boundary layer. The enlargement of the boundary layer due to a
lowering of the flow velocity explains the variation of the displacement thickness
between the various throttling points as well.

The incompressible shape factor of the boundary layer SF allows determining
if this boundary layer is detached or not. The factor is defined as the ratio of the
displacement thickness to the incompressible momentum-loss thickness §,,:

_da

F
S 5,

(4.42)

and the incompressible momentum-loss thickness is given by the equation [52]:

5m:/ Yi (1 vi >dr (4.43)
0 Vfree Vfree

The values of the incompressible momentum-loss thickness and the incompressible
shape factor at the inlet of the stage under cruise conditions for the various running
conditions are given in the table and respectively.

According to Kline et al. [62], the value of the shape factor indicates the sepa-
ration of the boundary layer by:

o SF < 2.2 => Attached boundary layer,
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e SF > 4 => Detached boundary layer,

e SF = 2.7 => Intermittent separation,

Following these relations, the tip and hub boundary layer at the inlet of the stage
under cruise conditions are completely attached for all running conditions, except
the hub boundary layer at choke. At this point, the value of the shape factor
indicates that the hub boundary layer is very close to be completely detached.
Nevertheless, the measurements with the hot-wires did not show any back flow
along the hub wall.

Throttling Point Hub Tip
A 0.0405 mm | 0.4725 mm
B 0.1042 mm | 0.7298 mm
C 0.2513 mm | 1.2629 mm
D 0.3814 mm | 1.9567 mm

Table 4.2.: Tip- and hub momentum-loss thickness at the inlet of the compressor
stage for various operating points under cruise conditions

Throttling Point | Hub Tip
A 3.915 | 2.217
B 2.153 | 2.084
C 1.514 | 1.891
D 1.151 | 1.766

Table 4.3.: Tip- and hub shape factor of the boundary layer at the inlet of the
compressor stage for various operating points under cruise conditions

The calculation of the mass flow passing trough the compressor stage is based
on the radial distribution of the total pressure FPy; from the Kiel probe, of the
static pressure Py; from the three-hole probe, and of the total temperature Ty
from the shielded thermocouple probe at the inlet of the test section. Because of
the geometry and size of the probes, the measurement in the core flow is limited
to between 4% and 96% of the blade height. In order to obtain a complete radial
distribution, the static wall pressure measured at hub and tip must be taken as
total and static pressure at respectively 0 and 100%. And the total temperature
at 0 and 100% of the blade height must be equal to the total temperature at
respectively 4 and 96%.

Considering the total and the static pressure at radial position i, Py ; and Ps; 4,
the Mach number at this position M; is calculated using the equation for adiabatic
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perfect gases [101]:

2
M;=,|—.
v—1

P =1

01,5 \

: -1 4.44

(7) ]] , (4.44)
where the adiabatic exponent v is equal to 1.4 for dry air at 293K . Based on

the gas constant of air R (287.7 kgiK), the density p; is calculated as:

1
Py i v—1 Qﬁ
;= ) 1+ 1~ M* 4.45
= o |14 5 (4.45)

Using the static temperature Ts; ; defined by the equation:
Tori= —— 2 (4.46)

The speed of sound is determined by the following equation:

a; = \/VRTs1 (4.47)

and with it the flow velocity is
V; = aiMi (4'48)
With R; the radius at position i, the circular area AA; is defined by
2 2
AAz —r <Rz 2RZ+1) —r (Rz—12 Rz) (449)

and the mass flow m; through this area is calculated using the expression:

mi = pi’UZ‘AAi (450)

The reduced mass flow at position i is calculated from the inlet conditions during
the measurement at this position via the equation:

niy/RTo1,i
Miy/ fboLi (4.51)

p
FPo1,:Dy;,,

Myed,i =

This allows taking into account the variation of the inlet conditions between two
measurement positions.

In order to get the global reduced mass flow at the inlet of the stage 17,4, the
local reduced mass flow 17,¢q,; are added up over the NV radial positions:

N
Mped = Z mred,i (452)
i=1
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The uncertainty on the reduced mass flow is determined using the following set of
equations.

From equation [4.52 of the reduced mass flow, its uncertainty is equal to the sum
of the uncertainties on the reduced mass flow at the various radial positions:

N
Otitred = Y OMMred,i (4.53)

i=1
and, from equation the uncertainty on the reduced mass flow at point 7 is
given by:

2 2 2
\/RT 1 .74'\/ .iﬁ/RT 7
5mred,i = < o1, §mz> + ( n R '5T01,i> —+ <_M.6P017i>

2+/T01,:Po1,s PO21,2'D2

PoviDiiyy ip
(4.54)
The uncertainty on the mass flow drn;, based on equation [£350] is defined by:

b1 =/ (idAs6p:)? + (prAA DY)’ (4.55)

Where the uncertainty on the density dp; is given by:

Op; 2 p; ? op; 2
0p; = ' 6Py * 0To14 L SM; 4.
P <8P017i 01, ) + <8T017i 01, > + (8Mi ) (4.56)
With )
8[)7; 1 Y= 1 2 -~
= 1 M: 4.
0Po1; RToi, [ i 2 ! (4.57)
1
0p; Po1,i y—1. 5]
= — — . |1 M: 4.58
3T017i RTO21,i { + 2 v ( )

dpi  (y—1)M; Pors -1 )T
= . — . |1 M: 4.59
aMZ 1— Y RTOl,i + 2 ¢ ( )
The uncertainty on the flow velocity used in equation is given by:
5vi = \/(a2(5M1)2 + (Miéai)Q (460)

where the uncertainty on the Mach number is:

1 Py
oM; = |( oL .(5P017i)2 + (= 20171 oL .5P31,i)2. (4.61)
M¢~W-Ps1,i~(pslfi)” Mi°7'Psl,i'(Pslzi)’y
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and the uncertainty on the sound velocity is given by:

YR

2 V ’YRTsl,i

Finally the uncertainty on the static temperature 67%; ; is calculated from the
following equation:

2 2
1 Tors (v — 1) M;
(STsl,i - ﬁ(;TOl,i + _Ll)z(le (463)
1445 M; (14251 M2)

The calculation of the uncertainty of the total and static pressure, and of the
temperature is given in the previous section. This procedure and the values of the
uncertainties presented above give an uncertainty on the mass flow under cruise
conditions from 0.8% at operating point A to 1.5% at operating point D.

5a7; = .6Tg17/i/ (462)

4.3. Global Stage Performance for the Smooth
Casing Configuration

The global performance of the compressor stage is presented as the total-to-total
pressure ratio, the static-to-total pressure ratio and the efficiency in function of the
reduced mass flow. The values of these parameters were established at the four op-
erating points presented in section corresponding to an operating range from
choke (point A) to near stall (point D). The limitation of the determination of the
parameters to four points comes from the very long time required for the measure-
ments necessary for this determination. The global performance of the compressor
stage was investigated at two Reynolds numbers, representing the cruise and the
take-off conditions of the real engine. The Reynolds number at cruise calculated
from the measurement in the test section is 220000, which is similar to the value
given by our partner Techspace Aero for the design of the compressor. Under
take-off conditions, the Reynolds number from the measurement is 560000. This
is lower than the Reynolds number from the design of the compressor, which is
700000. The difference comes from the limitation of the electric motor driving
the compressor stage. As explained in section the maximum power of the
motor is not sufficient to drive the rotor under a pressure of 3.5 bars absolute,
corresponding to the take-off conditions. An intermediate pressure of 2.5 bars
absolute,sustained by the motor, was chosen in order to study the effect of the
Reynolds number on the global performance of the compressor stage.

The pressure ratios presented in this report are the total-to-total pressure ratio
% and the static-to-total pressure ratio %‘f. Both are based on the mass flow
average of the pressure radial distribution at the inlet of the stage Py, and of pres-
sure map over two pitches at the outlet of the stage P4 and FPys. The calculation
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Figure 4.17.: Experimental and numerical (FINE) total pressure map at the outlet
of the stage at design operating point under cruise conditions.
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of the uncertainties on these pressure ratios are based on the following equation:

5(2) = (Fon) s (Lean) e

This equation gives values of uncertainty on the pressure ratios of about 0.6%
under cruise conditions.

The radial distribution of the flow characteristics at the inlet of the stage is set
out in the previous section. The total and static pressures at the outlet of the stage
are measured by means of a Kiel probe and a three-hole probe respectively. The
measurements of these pressures are performed over two stator pitches, via the
rotation of the stators as presented in section and over nearly the entire blade
height by means of carriage systems. In the radial direction, the measurements
were performed at 17 positions from 4% to 96% of the blade height. At every radial
position, the flow characteristics were acquired continuously during the rotation
of the stators. The experimental and numerical total pressure maps at the outlet
of the stage at design operating point under cruise conditions are presented on
Fig[d17l The experimental map is obtained by the interpolation of the data
measured along the radial and circumferential axes. These plots show that the low
pressure region extending from hub to tip, corresponding to the wake of the stator
blades, is very well predicted by the CFD. The numerical pressure distribution
from the tip region to 50% of the blade height presents a good agreement with the
experimental data. In the hub region, the experimental pressure map shows that
the stator suffers some hub corner stall which is not well predicted numerically.
This is due to the influence of the leakage flow entering the blade passage between
rotor and stator, the seal leakage flow. Indeed, this leakage flow is not taken into
account in the numerical simulations and might induce some changes in stator
inlet conditions favoring hub corner stall.

The similitude between the results of the numerical simulations and the exper-
imental data in terms of total pressure at the outlet of the stage is highlighted on
Fig[dI8 On this figure, the circumferential distribution over two stator pitches
of the total pressure at 90%, 50% and 10% of the blade height is presented. Nev-
erthless, the experimental curves always show lower maxima and higher minima
due to the spatial resolution of the probe. It must be recalled that the stator pitch
is 17.3mm at the tip and although the Kiel probe head is only 1.5mm in diam-
eter, this correspond to 8.5% of the pitch, which again underlines the challenge
of measurements in machines of small dimensions. The non-negligible size of the
instrumentation leads to a spatial averaging of the measured value. This induces
a reduction of the maxima and of the gradients. Whereas the wake position is
well predicted at the tip, a gradual shift of the wake position takes place towards
the hub. This is again due to the under-estimation of the stator hub corner stall
due to disregarding the seal leakage flow. This is confirmed by the absolute exit
angle a4 showing more underturning in the experiments. The superposition of the
circumferential distribution at the three radial positions on the same figure allows
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Figure 4.18.: Experimental (full line) and numerical (FINE - dashed line) circum-
ferential distribution of the total-to-total pressure ratio P04/P01 un-
der cruise conditions at the design operating point at 10% (in red),
50% (in blue) and 90% (in black) of the blade height

to compare the total pressure deficit in the wake at midspan versus the wake at
hub and the tip leakage vortex loss core at the tip.

The experimental total-to-total pressure ratios at nominal speed under cruise
and take-off conditions are presented on Figld.19)in function of the reduced mass
flow, with the error bars from the uncertainty calculations, and compared to the
results of the numerical simulations under cruise conditions. The numerical simu-
lations are performed with two codes and various turbulence models, as presented
in chapter 3.4. On the one hand, our partner CENAERO used the elsA code
with three turbulence models, k — ¢, k — w and & — [. On the other hand, B.
Farkas simulated the compressor with FINE and with the k — € turbulence model
at VKI. The mesh considered in the simulations with elsA for the various turbu-
lence models is the same, but this mesh is different in the simulations with FINE.
The speed-lines presented on the figure show a peak corresponding to the design
operating point. This indicates the development of regions with a high velocity
defect [61] before the compressor reaches the stall point. These large regions of
blockage induce a reduction of the effective flow passage area, leading to a re-
duction of the total-to-total pressure ratio. This blockage of the flow is due to
the development of the secondary flows in the compressor stage. These secondary
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flows are the tip leakage vortex in the tip region and the hub corner separation
at the hub, as presented in the literature review of this thesis. The development
of the large blockage region before the stability limit is characteristic of highly
hub loaded compressors. Indeed, in these compressors, the high load in the hub
region enhances the development of the hub corner separation in hub corner stall,
leading to a large blockage. The pressure deficient area caused by the blockage can
be observed by the measurement of the unsteady pressure downstream the rotor.
The results of these measurements are presented in the next chapter.
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Figure 4.19.: Experimental total-to-total pressure ratio under cruise and take-off
conditions at nominal speed, and numerical total-to-total pressure
ratio at nominal speed under cruise conditions in function of the
reduced mass flow

The comparison between the numerical results and the experimental measure-
ments shows the inability of the CFD to simulate the compressor stage near the
stability limit. Indeed, near stall the computation starts to show oscillations in the
convergence history or does not converge at all for higher throttling. This is caused
by the fact that under this condition the flow is mainly driven by unsteady effects,
which are hard to capture by steady RANS computations. Under all operating
conditions, except near stall, the reduced mass flow is very well predicted by the
CFD. In terms of pressure ratio, it is over-predicted in the numerical simulations.
As shown previously, the numerical simulations do not take into account the seal




“thesis” — 2012/12/11 — 8:48 — page 91 — #105

4.3. Global Stage Performance for the Smooth Casing Configuration 91

leakage flow. This leads to an over-prediction of the total pressure at the outlet
of the stage, meaning an over-estimation of the total-to-total pressure ratio of the
compressor stage.

Secondly, the comparison of the results of the simulation performed with the elsA
code, with various turbulence models, presents high discrepancies. Regarding the
pressure ratio, variations between the results of about 0.08 are observed at design
operating point. Compared to the experimental results, the smallest difference
with respect to the measured pressure ratio is obtained by using elsA with the
k — 1 model, and the highest with the £ —w model. A comparison of the efficiency
given by the various models is necessary to choose the most appropriate model.

The stall margin SM of the compressor stage can be determined from the total-
to-total pressure ratio and the reduced mass flow at the design point (Point C)
and at the last stable point before stall (Point D). The equation of the stall margin
is given by Cumpsty [22]:

II esign i re a
SM=1—< Design _Tred,Stall ) (4.65)
Msiau Myred,Design

where II is the total-to-total pressure ratio and 7i,.q the reduced mass flow as
defined above. The experimental measurements give a stall margin of SM =
29.2%.

The effect of the Reynolds number on the total-to-total pressure ratio is shown
on Fig[f.10)as well. Firstly, we can observe that the uncertainty on the performance
of the compressor stage at high Reynolds number are much higher than under
cruise conditions. This comes from the increase of the mean pressure in the loop
and the pressure difference between upstream and downstream the stage. This
leads to the use of pressure transducers with higher pressure range, and thus
higher measurement uncertainty, especially for the measurement of the settling
chamber pressure. Experimentally, a higher Reynolds number leads to a higher
pressure ratio. This is explained by the fact that transition of the boundary layer
occurs earlier at high Reynolds. This leads to decreasing the detachment of the
flow from the blades [91], inducing a decreasing of the blockage in the flow passage.
This allows an increase of the pressure ratio performed by the compressor stage.
Concerning the effect of the Reynolds number on the reduced mass flow and on
the stability range of the compressor, it is very difficult to conclude from the
observation of the results because the near stall point at low Reynolds number
stays within the uncertainty margin of the high Reynolds number point.

Figure [£.20] shows the static-to-total pressure ratio under cruise conditions.
These results show that the stability limit is reached at or very close to the zero-
slope point of the curve. This behavior is typical of a compressor presenting a
modal stall inception process [I06]. Camp and Day [I5] found that this inception
mode is associated with a flow separation near the hub. This can be related to the
observation of the presence of a maximum in the total-to-total pressure ratio in
function of the reduced mass flow due to a large blockage at the hub. A detailed
study of the compressor stall inception mode is given in chapter [0}
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Figure 4.20.: Experimental static-to-total pressure ratio at nominal speed under
cruise and take-off conditions, and numerical static-to-total pressure
ratio at nominal speed under cruise conditions

The calculation of the aerodynamic efficiency is based on the mass flow average
of the total pressure and temperature radial distributions at the inlet of the stage,
Py and Ty, and on the the mass flow average of the total pressure and temperature
at the outlet of the stage, based on the measurement map over two pitches, Py, and
Tos. And in order to minimize the influence on the efficiency of the inlet conditions
between the various tests, the temperature at the inlet and at the outlet of the
stage are acquired simultaneously. The efficiency is given by the equation:

y—1

= Toa—To1
To1

The uncertainty on the efficiency calculation is given by the equation:

o = M s 2+ M sp 2+ 8"5T2+ 8”5T2
n= P 01 P 04 Ty 01 Ton’ 04

(4.67)
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Where the partial derivatives are given by:
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The uncertainty on the efficiency determined following this procedure is from 2.8%
at choke to 3.4% near stall.

The experimental non-dimensionalized total-to-total efficiency of the compressor
stage in function of the reduced mass flow is given on Fig[4.2T] under cruise and
take-off conditions. The numerical efficiencies under cruise conditions are added
on this figure for the comparison. The efficiency at the various operating points
is non-dimensionalized by the experimental efficiency at design point under cruise
conditions. The total-to-total efficiency is well predicted up to design point, with
a slight under-estimation by the simulations considering the error bars. Growing
discrepancies appear as throttling is further increased. This is again due to the
relative inability of the CFD code to predict unsteady phenomena.

The under-estimation is explained by the difference between the geometry con-
sidered for the mesh of the numerical simulations and the real geometry of the
test section. The geometry used for the simulations is the ideal geometry from the
design of the compressor. The real geometry present in the test section has been
altered by the manufacturing and by the assembly.

An example of the geometry difference is the hub blade fillets or grooves. These
come from the manufacturing procedure and is not simulated. In the case of the
rotor blades, they were manufactured by machining. The process leads to the
presence of a fillet at the hub of the blades. The numerical simulations do not
take this into account. In 2010, Goodhand and Miller [41] found that removing
the fillet of the stator blades of a low-speed single stage compressor leads to an
increase of the hub loss of 18%. This detrimental effect may be more important
in case of a reversal flow within the separation. Furthermore, they show a non-
negligible impact of the radius of the blade fillet on the hub losses. For the stator
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Figure 4.21.: Experimental total-to-total efficiency at nominal speed under cruise
and take-off conditions, and numerical total-to-total efficiency at
nominal speed under cruise conditions

blades, the airtightness was provided by a joint of silicone. A bad injection of this
silicone has led to the presence of a groove around the blades at the hub, as shown
on Fig. The exact effect of this groove on the losses has not been studied.

A second geometrical parameter that can explain the under-estimation of the
efficiency, is the tip gap over the rotor blades. In the CFD, the nominal tip gap
of 0.3mm is considered. In section it was observed that the experimental tip
gap was lower than this value, even for one blade. According to Tan [106], up to
a critical point, the reduction of the tip gap leads to an increase of the efficiency.

The comparison of the results from the three turbulence models used for the
simulations with the elsA code shows a difference between the turbulence models
in terms of efficiency of about 5% at design point, wich is considerable. The k —
model, which gave the results the closest to the experimental data in terms of
pressure ratio, gives the highest difference between the measured and predicted
efficiency. The k£ — ¢ model actually yields good results both for efficiency and
pressure ratio prediction. This model was chosen for the subsequent simulations,
performed with the elsA code.
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Figure 4.22.: Groove around the hub of the stator blades

4.4. Rotor Performance

The rotor performance of the compressor stage is presented on Figld:23] and on
Fig[1.24)in terms of total-to-total pressure ratio (Py3/Po2) and temperature ratio
(Ths/Toz2) for the design operating point (Point C) and the near stall operating
point (Point D) under cruise conditions. The other operating points are pre-
sented in Brouckaert et al. [I3]. For both ratios, the measurements upstream
and downstream the rotor were performed during two different tests. The non-
dimensionalization together with the simultaneous inlet stage conditions allows
taking into account variations between the conditions of the various tests. All the
probes used for these measurements were aligned with the leading edge of the IGV.
This ensures that the measurements are not performed in the wake of the IGV.
At design point, the highly hub loaded distribution characteristics of the booster
stage is evident. The pressure and temperature ratios are very well simulated by
all the CFD codes and the turbulence models in terms of mean level of the am-
plitude as well as in terms of gradient. In the hub region, some discrepancies can
be found between experimental and CFD results. This is due to the fact that the
seal leakage flow, resulting from the gap between the fixed and mobile part of the
compressor, is not considered in the numerical simulations. The losses at the rotor
hub are over-predicted by the CFD FINE code. The very good agreement between
the experimental and numerical rotor performance has to be compared with the
discrepancies existing in the performance of the entire stage between the CFD and
the experimental results. This shows that these discrepancies may be explained
by the presence of mixing plane existing between the fixed and rotating parts in
the simulations. These mixing planes lead to the non-consideration of the rotor-
stator interaction. A comparison with unsteady simulations would be required to
evaluate this effect. A second explanation is the inability of the CFD codes to
predict the performance of the stators. The pressure ratio between upstream and
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Figure 4.23.: Radial distributions of the experimental and numerical total-to-total
pressure ratios of the rotor under cruise conditions at design- (a) and
near stall (b) operating points.
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downstream the IGV is presented on Fig[d.25] On this figure, we can observe dif-
ferences between the experimental and the numerical results. First of all, the mean
level of the pressure ratio is lower in the CFD. This can be explained by the fact
that the experimental distribution corresponds to a single circumferential position
out of the wake of the IGV. The numerical results are the mass flow average of
the distribution over the entire pitch, including the wake. The second point is the
higher thickness of the boundary layer both at hub and at tip in the CFD. Because
the inlet conditions of the numerical simulations are the measured distributions,
it means that the CFD predicts an enlargement of the boundary layer through
the IGV. This enlargement is not observed in the measurements. This can explain
the variation between the numerical and experimental global performance of the
stage.
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Figure 4.25.: Radial distributions of the experimental and numerical total-to-total
pressure ratios of the IGV under cruise conditions at near stall op-
erating points.

At near stall operating point, an important shift of the overall level exists be-
tween the experimental results and the numerical simulations, both in the total
pressure- and temperature distributions. This is caused by the inability of the
CFD codes to simulate the flow at a mass flow corresponding to the experimental
near stall conditions. In the overall stage performance presented in the previous
section, the last stable points in the numerical results correspond to a higher mass
flow than for the experimental results, and this for all the codes and turbulence
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models. However, the gradient of the pressure- and temperature ratios are well
predicted. The over-prediction of the losses in the hub region by the FINE software
is visible as well.
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Figure 4.26.: Experimental diffusion factor of the rotor alone versus the non-
dimensionalized pressure rise under cruise conditions over the entire
operating range

In 1979, Greitzer et al. [43] defined a criterion for the effectiveness of a casing
treatment on the stability limit of a compressor stage. This criterion is based on
the diffusion factor, as defined by Lieblein [73], and on the non-dimensionalized
pressure rise AP/q. The diffusion factor is a parameter giving a theoretical limit
of the deceleration before a separation of the boundary layer at the suction surface.
It is given by the relation:

Av,
Dif fusionFactor =1 — ws + v
we  20ws

(4.72)

In this equation, wo and ws are the relative velocity, respectively upstream and
downstream the rotor, Awv, is the difference of the circumferential component of
the absolute velocity, and ¢ is the rotor solidity. The relative velocity is determined
from the absolute velocity and the flow angle, given by the three-holes probe, and
the rotor rotational speed from the torquemeter. In the Greitzer approach, the
diffusion factor is related to the pressure rise, non-dimensionalized by the relative
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dynamic pressure at the outlet of the rotor given by :

1
q= i3 (4.73)

where p is the density of the flow. The experimental diffusion factor versus the

non-dimensionalized pressure rise of the compressor stage under cruise conditions
is presented on Fig[4.26] Greitzer defined the stability limit for the two parame-
ters at 0.6 and showed that the type of stall depends of the parameter reaching
this value. If a compressor reaches the stability limit of 0.6 with the diffusion
factor, this compressor will present a blade stall. On the other hand, if the non-
dimensionalized pressure rise reaches 0.6 before the diffusion factor, the compressor
will present a wall stall. In our case, the rotor row seems to reach the limit for
the diffusion factor first, meaning a blade stall. From their work on this criterion,
related to the effectiveness of a casing treatment on the stability limit, Greitzer
et al. conclude that the casing treatment has a very low impact on the global
performance of a compressor presenting a blade stall. This was confirmed more
recently by the work of Houghton [54].

4.5. Effects Of The Casing Treatment On The
Overall Performance

The effect of a circumferential groove casing treatment on the global performance
of the compressor stage has been investigated. The circumferential groove has a
depth of 1 mm with an aspect ratio of 1/3 and it is located at 15% of the axial
chord, downstream the leading edge of the rotor blades. A complete description
of the casing treatment is given in section [3.6]

The overall stage performance of the compressor stage in terms of total pressure
ratio and relative efficiency change versus reduced mass flow under cruise condi-
tions for the smooth casing and casing treatment configurations is presented on
Fig[d:27 The experimental data for the configuration with smooth casing and
with casing treatment are presented with the corresponding error bars and are
compared to the results from the numerical simulations performed with the FINE
and elsA codes.

Experimentally, except under choke conditions (point A), the groove slightly
improves the total-to-total pressure ratio. But this improvement stays close to
the uncertainty range [I08]. Slight changes in efficiency are noticeable but remain
within the uncertainty range of the measurements. Near stall (at point D), the
configuration with casing treatment shows an increase of 3% of the mass flow,
1% of total-to-total pressure ratio and 2% of efficiency. This increase of mass
flow could be interpreted as a reduction of the stability margin of the compressor.
Equation of the stall margin gives for the casing treatment configuration a
margin of SM = 28%. But in this case, as it will be shown later, the increase of
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smooth casing and casing treatment configurations.
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the performance at near stall operating point indicates a reduction of the blockage
caused by the circumferential groove.
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Figure 4.28.: Experimental total-to-total pressure ratio at mid-span iso-speed ver-
sus the reduced mass flow for the smooth casing and the casing treat-
ment configurations

The numerical simulations of the compressor with and without casing treatment
present an contradictory conclusion about the effect of the groove on the perfor-
mance. Indeed, in the simulations with FINE, the presence of the casing groove
induces a decrease of both pressure ratio and efficiency. On the contrary, elsA pre-
dicts an increase of these parameters with the casing treatment. This difference
of behavior evidences the influence of the CFD code (mainly through the turbu-
lence model, but also the mesh density or topology) on the numerical results. It
underlines once more the fact that great care is required when making engineering
decisions based on CFD. The inability of the steady RANS-based CFD models
to predict the stall margin improvement generated by casing grooves was already
pointed out by Houghton [55].

In order to investigate the influence of the treatment on the stability limit at
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off-design, the stage inlet and outlet midspan total pressure were acquired during
throttle valve closing until stall at various rotational speeds. This experiment was
performed for the two casing configurations. The mid-span total-to-total pressure
ratio iso-speed lines are presented on Fig[d:28] The iso-speed lines correspond to
a rotational speed of 105%, 100%, 95%, 90%, 85%, 80%, 70%, 60%, 50% and
40% of the nominal rotational speed. At design and off-design, a slight improve-
ment in pressure ratio is observed, but the stall margin of the compressor remains
unchanged.

The effect of the circumferential groove casing treatment on the rotor perfor-
mance was investigated by the measurement of the flow characteristics up- and
downstream the blade row [I08]. The influence of the groove on the rotor flow
turning in the tip region was found negligible. On the other hand, the presence
of the circumferential groove casing treatment leads to an increase of the diffusion
factor at design and near stall operating points. This observation is confirmed
by the numerical calculations performed by elsA. The radial distribution of the
experimental and numerical diffusion factors at these two operating points are
presented on Fig[f:29] Furthermore, the casing treatment induces an important
redistribution of the loading with an increase of the diffusion factor between 80
and 100% of the blade heigth. The increase of the diffusion factor shows a decrease
of the stall margin in the tip region. This effect is not visible on the global stall
limit due to the hub critical character of this compressor.

4.6. Conclusion

This chapter presented the overall performance of a single stage low pressure axial
compressor. The design of this compressor stage is representative of the first
stage of the low pressure compressor of the new contra-rotating turbofan engine
architecture. This design is characterized by a low aspect ratio and unusually
high loading- and flow coefficients. The experimental performance is compared to
numerical simulations performed with various CFD codes and turbulence models.

The determination of the overall performance of the compressor stage is based
on the steady characteristics of the flow, as the total and static pressure, the
total temperature, the flow angle and the velocity. The steady instrumentation
used for the measurement of these characteristics is detailed in this chapter as
well as the uncertainties associated. The uniformity of the test section has been
verified through the measurement of the wall static pressure at various axial and
circumferential positions. The radial distribution of the static and total pressure
has been determined at various axial positions by means of, respectively, a Kiel
probe and a three-hole probe. This radial distribution does not cover the entire
blade height because of the size of the probes. The distributions are completed by
the values of both wall static pressures measured by pressure taps. The uncertainty
calculation gives a value on the total pressure of about 0.04%, corresponding to
0.4 mbar under cruise conditions. The calibration of all the pressure sensors has
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been performed daily in-situ at two pressure levels. A three-hole probe was used
for the determination of the flow velocity and angle via a preliminary calibration
in terms of angle and Mach number, which has been performed in the VKI C4
facility. The uncertainty on the static pressure, the flow angle and the Mach
number determined by the three-hole probe is respectively about 0.4 mbar, 0.2°
and 1.5%. The total temperature was measured by means of a thermocouple
probe. The values from this probe have been corrected in function of the flow
velocity via the recovery factor in order to take into account the velocity error.
This correction is an important source of error, leading to the a high uncertainty
of 0.3 K on the temperature measurement. These values lead to an unceratinty
between 0.8% and 1.5% on the mass flow, between 2.8% and 3.4% on the efficiency
and about 0.6% on the total-to-total pressure ratio.

The flow conditions at the inlet of the compressor stage were used for the deter-
mination of the overall performance of the compressor as well as inlet conditions
for the numerical simulations. They had thus to be carefully determined. The ra-
dial distribution of the turbulence at the inlet of the compressor is between 1.25%
at the hub up to 2.5% at 80% of the blade height. In the tip region, the turbulence
presents a very high peak caused by the leak around the probe stem. This was
confirmed by numerical simulations considering the leak via a cavity in the casing
wall. The radial distribution of the total pressure at the inlet of the compressor
stage shows a displacement thickness at tip seven times higher than at hub. This
large difference in the size of the boundary layer is caused by the geometry of the
inlet part of the test section.

The radial and circumferential distributions of the total pressure at the outlet
of the compressor stage show a large low pressure regions along the suction side of
the stator blades, corresponding to the corner vortex secondary flows. These dis-
tributions are well simulated by the software FINE, particularly in the tip region.
The comparison of the experimental and numerical circumferential distributions
of the total pressure shows a gradual shift of the position of the wake of the blade
going towards the hub. This is due to the under-estimation of the hub corner stall
in the CFD results by neglecting the seal leakage flow occurring in this region.
Furthermore all the pressure extrema are attenuated in the experimental results
due to the area averaging introduced by the geometrical extension of the probe.

The total-to-total pressure ratio in function of the reduced mass flow presents
a peak characteristics of a hub loaded compressor. The decrease of the pressure
ratio with the mass flow is caused by a pressure defect in the hub region. This is
due to the development of the hub corner stall before the stability limit, creating
high blockage in the flow passage. The experimental stall margin determined
from this characteristic is 29.2%. The stability limit is reached for a nearly zero
slope of the static-to-total characteristic. According to Tan [I06], this indicates
a compressor presenting a modal stall inception process, which can be related to
large flow separation at the hub [I5]. This confirms the presence of a hub corner
stall near the stability limit of the compressor. The investigation of the effect of
the Reynolds number shows that a higher Reynolds number leads to an increase
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of both the total-to-total- pressure ratio and efficiency. This is explained by the
stabilization effect on the boundary layer by the increase of the Reynolds number.

The performance of the rotor alone shows very clearly the hub loaded charac-
teristics of this compressor stage. Following the approach of Greitzer et al. [43],
the diffusion factor and the non-dimensionalized pressure rise trough the blade
row have been determined. The evolution of these two parameters shows that the
diffusion factor will first reach the limit of 0.6. This indicates that the compressor
will present a blade stall and the absence of influence of a casing treatment on the
stability limit of the compressor.

The influence of a 3x1 mm circumferential groove casing treatment located
at 15% of the axial chord downstream the leading edge has been investigated.
The effect of the casing treatment from choke to design operating point is very
low. If an increase of the pressure ratio can be observed, it stays close to the
uncertainty range. As to the efficiency, this change stays far under this range and
is thus negligible. At near stall operating point, an increase of 3% of the mass
flow, 1% of the pressure ratio and 2% of the efficiency has been observed. These
variations correspond to a reduction of the blockage in the tip region and not
to an increase of the stall margin. This is confirmed by the measurement of the
mid-span pressure ratio over the whole operating range and for various rotational
speeds from 40% to 105% of the nominal speed. Indeed, if the casing treatment
introduces a slight pressure ratio improvement, it does not influence the stability
limit for any rotational speed.

The comparison of the results from the measurements on the compressor stage
and the simulations shows a similar trends. Nevertheless, the CFD simulations do
not allow reaching a reduced mass flow as low as in the experiments. This is due
to the importance of the unsteady phenomena driving the flow at these conditions,
which are difficult to capture by steady RANS computations. In consequence, the
near stall operating point cannot be simulated, and this for all CFD codes and
turbulence models. The simulations performed with the elsA code with various
turbulence models show very high discrepancies in terms of computed global per-
formance. This highlights the influence of the turbulence model on the results and
points to the fact that great care is required when decision are taken based on
CFD computations. All the computations over-estimate the total-to-total pres-
sure ratio and under-estimate the efficiency. This can be explained by differences
between the ideal geometry considered by the CFD and the real geometry re-
sulting from the manufacturing and the assembly, by the use of an unadapted
turbulence model, and by the flow parameters averaging trough the mixing plane
in the computations. This third point is confirmed by the very good agreement
between the experimental and numerical performance of the rotor alone. The two
CFED codes running with the same turbulence model present opposite conclusion
about the effect of the circumferential groove casing treatment in terms of both
total-to-total pressure ratio and efficiency. Furthermore, the impact of the casing
treatment on the performance is lower than the influence of the turbulence model
used for the computation with an identical CFD code. This again shows the low
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level of confidence that we can have in numerical simulations for this application.

As mentioned above, the numerical simulations of the compressor stage present
high discrepancies in the results. This can be related to various parameters: the
turbulence model, the geometry considered, the mesh considered, and the code
used. The influence of the turbulence model has been investigated by simulating
the compressor with the same mesh and CFD code (elsA by Cenaero) and with
three turbulence models. This influence was found important. The exact influences
of the other parameters are not highlighted by the work presented here. Indeed,
the compressor was simulated with two CFD codes but with also different mesh
and different version of the k& — € turbulence model. The effects of these three
parameters are mixed in the final result. Additional parametric study on these
various elements has to be performed in order to determine the importance of the
impact of each parameter.

The experimental and numerical overall performance of the compressor stage
for the various configurations investigated are summarized in table [£:4]
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Point A | Point B | Point C | Point D

Qmred | 0.086 0.084 0.0769 0.0532

Cruise PR 1.1007 1.1178 1.1268 1.1012

Eff. 0.6772 0.7502 0.8085 0.7385

Qmred | 0.0871 0.0855 0.0757 0.0549

Exp. Take-off PR 1.1013 1.1243 1.1335 1.1056
EAf. 0.6641 0.7601 0.8528 0.7632

Qmred | 0.0861 0.0842 0.0772 0.0544

Casing Treat. PR 1.0990 1.1189 1.1273 1.1035

Eff. 0.6855 0.7688 0.8083 0.7606

Qmred | 0.0860 0.0845 0.0765 0.0585

k-¢ PR 1.1076 1.1201 1.1301 1.1162
Smooth casing | Eff. 0.6421 0.7042 0.7765 0.7684

Qmred | 0.0858 0.0841 0.0761 0.0585

k-1 PR 1.1030 1.1143 1.1254 1.1168

EAf. 0.6077 0.6693 0.7497 0.7559

Qmred | 0.0864 0.0853 0.0774 0.0620

elsA | kw PR 1.1071 1.1214 1.1318 1.1247
Eff. 0.6442 0.7141 0.7894 0.8116

Qmred | 0.0860 0.0846 0.0765 0.0596

k-¢ PR 1.1125 1.1245 1.1324 1.1194

Casing Treat. | Eff. 0.6597 0.7189 0.7834 0.7781

Qmred | 0.0856 0.0842 0.0772 0.0568

k-¢ PR 1.1111 1.1257 1.1330 1.1042

FINE | Smooth casing | Eff. 0.6577 0.7310 0.7893 0.7237
Qmred | 0.0861 0.0844 0.0783 0.0580

k-€ PR 1.1081 1.1241 1.1309 1.1085

Casing Treat. | Eff. 0.6413 0.7221 0.7781 0.7408

Table 4.4.: Summary of the experimental and numerical global performance of the
compressor stage at two Reynolds numbers for the smooth casing and
casing treatment configurations
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Chapter 5.

Rotor Unsteady Flow Field

As presented in the introduction of this thesis, the three-dimensional unsteady
phenomena have a strong influence on the global performance of the low aspect-
ratio and highly loaded stage compressor investigated in this work. Furthermore,
these phenomena are at the origin of the unstable regime reached at low flow
coefficient. If the relation between these phenomena and the instability limit
of a compressor has been demonstrated by numerous authors, the exact process
of instability inception is not totally understood. Especially in the case of low-
pressure compressors for which the amount of references is very limited.

This chapter presents the experimental investigation of the unsteady flow field
in the VKI R4 single stage low-pressure axial compressor. This investigation is
based on the measurements of the unsteady wall casing static pressure and the
total unsteady pressure downstream of the rotor. The experimental results are
compared with the numerical simulations in order to firstly validate the CFD
code, and subsequently to use the numerical flow visualizations to explain the
unsteady phenomena occurring in the compressor stage.

The detailed survey of the tip flow characteristics and its related vortex has been
performed by means of fast response pressure transducers located in the rotor cas-
ing. This survey has been carried out under choke and design conditions, and
near the stability limit. The influence of the Reynolds number on the unsteady
flow field has been studied, based on the comparison of the pressure measurements
under Reynolds numbers representative of cruise and take-off conditions. Further-
more, the impact of a single circumferential groove casing treatment on the tip
leakage vortex has been investigated as well.

The tip leakage vortex path and its extension downstream of the rotor have been
determined by simultaneous acquisition of the casing wall static pressures and the
total pressure in the main flow. The measurement of the total pressure downstream
of the rotor was performed with a miniature fast response single sensor probe.
Moreover, the establishment of the unsteady total pressure map downstream of
the rotor allows the observation of the three-dimensional hub-corner separation,
which becomes a hub-corner stall with a decreasing flow coefficient.
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5.1. Unsteady Pressure Instrumentation

5.1.1. Casing Wall Pressure Sensors

The study of the unsteady phenomena occurring in the tip region of the rotor
blades is performed by the use of high frequency response instrumentation. The
blade-passing frequency being of the order of 6.3 kHz, the sensor must have a
bandwidth going well above this value in order to catch the expected phenomena
described by its fundamental frequency and its harmonics. The pressure trans-
ducer Validyne, used for the determination of the the global performance of the
compressor in chapter 4] has a maximum frequency response of around 10H z, i.e.
much too low to see the blade passing in front of it. The use of high frequency
response pressure transducers is hence necessary. The sensors chosen are manu-
factured by the US company Kulite and referenced XCS-062. They will be simply
called Kulites hereafter. These are 15PSI (= 1lbar) differential pressure sensors
with a claimed natural frequency of circa 200k H z, which is high enough for our
purpose since it is more than 30 times higher than the blade-passing frequency.
A picture and a drawing of this 1.7 mm external diameter sensor are shown on

Fig[.1] and

Figure 5.1.: View of the XCS-062 sensor
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Figure 5.2.: Drawing of the XCS-062 sensor
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The principle of this kind of transducer is piezoresistive and is based on the
deflection of a membrane due to a pressure difference between its two sides. This
membrane separates the measured pressure from a reference pressure. Four strain
gauges connected as a Wheatstone bridge are diffused into the silicon membrane.
The variation of the pressure difference between the two sides of the membrane
induces its deflection. The resistance of the strain gauges varies in function of
their elongation/contraction, leading to a variation of the voltage output of the
Wheatstone bridge. The main advantages of this kind of transducers come from
their very small size. It allows a very high frequency response thanks to the low
mechanical inertia of the system. Furthermore the small size gives the opportunity
to position the sensing element, the membrane, at the front of the sensor, and thus
close to the measurement point. This allows avoiding the presence of a connecting
tube ahead of the membrane, which dramatically decreases the frequency response
of the system. This type of electronic circuit being dependent on the temperature,
a temperature compensation circuit is added to the system.

The fast pressure sensors are placed in the casing of the rotor, allowing a mea-
surement of the unsteady wall static pressure and a visualization of the phenomena
associated with the tip leakage flow. The tip gap being only 0.3 mm, the risk of
the rotor blades touching the sensors is not negligible. In order to protect these
costly sensors, and also to make their handling easier, the Kulites are mounted
inside brass inserts that are fixed into the casing of the rotor, Figures[5.3 and [5.4}

Figure 5.3.: Brass inserts for the Kulites

The use of the inserts allows the establishment of a slight security recess. The
schematic view of this configuration is shown on Fig[5.5] The presence of the
0.2mm depth recess between the membrane and the casing wall ensures that no
blade will touch the sensor, which would lead to the destruction of this relatively
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Figure 5.4.: Brass inserts including the Kulites mounted inside the casing

costly device. Furthermore, this configuration, with inserts, gives the possibility
to reduce the pressure sensing area compared to the blade thickness. The fast
response pressure sensors have a diameter of 1.7 mm, corresponding to 120% of
the maximum blade thickness at the tip (1.42 mm). However, in order to keep
a sufficient bandwith for the measurement system, the diameter of the sensing
hole was kept at 0.8 mm. This size corresponds to 56% of the maximum blade
thickness or 4.2% of a blade pitch at tip. The reduction of the natural frequency of
the measurement system because of the cavity will be determined by the frequency
analysis of the signals and presented in section [5.2.2] The static calibration of the
Kulites and pressure taps have been done daily following the same procedure as
for the steady pressure measurement.

-7 mm
7
Kulite %
-
-
fo.z mm
casing wall 0.8 mm

Figure 5.5.: Schematic view of the cavity in front of the Kulite

In every insert, the fast pressure measurement is coupled with a steady pressure
measurement by means of a pressure tap connected to a low frequency response
pressure transducer from the company Validyne. This steady pressure measure-
ment is used to confirm the absence of drift in the unsteady measurement. This
is done by a comparison of the steady pressure with the average of the unsteady
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pressure.

5.1.2. Unsteady Total Pressure Probes

Simultaneously with the casing wall static pressure, the unsteady total pressure
downstream of the rotor was measured using the miniature fast response pressure
probe AP1-C25, Fig[5.6] Full details about the probe design, characteristics and
calibration can be found in Brouckaert [I1I]. This fully cylindrical probe has an
external diameter of 2.5 mm and is equipped with a 0.3 mm pneumatic total
pressure tap (SR-P01), a 12.5 pm half-shielded chromel-alumel thermocouple (SR~
TO01), and the unsteady pressure sensor (FR-P01) with a sensing diameter hole of
0.5 mm. This hole provides a recess of 0.4 mm which results in a theoretical
frequency response of 127 kHz [I1]. The fast pressure sensor has a pressure range
of 15 PSI with the vacuum as reference pressure. At Mach = 0.6, the probe is
insensitive to incidence (within 1%) in an angular range of + 11.8 deg. The rotor
exit radial traverses were performed in the same measurement plane as the last
casing insert (K9), i.e. 45% of the axial chord (Cy,) downstream the rotor trailing
edge, from 16.3% to 97.8% of the blade height. During the radial traverses, the
probe was set at the average rotor absolute exit angle for every operating point.
Total pressure was always corrected for incidence by using the average exit angle
measured by prior pneumatic 3-hole probe traverses.
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Figure 5.6.: Miniature fast response total pressure probe AP1-C25

The measurement of the unsteady three-dimensional flow characteristics by fast
response total pressure probes is still a challenge. The small dimension of the com-
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pressor stage under investigation leads to a non-negligible impact of the probe on
the measurements. Indeed, the probe AP1-C25, with a diameter of 2.5 mm, rep-
resents a flow blockage of 7.95% of the blade pitch (18.85 mm) in terms of frontal
area. The effect of the AP1-C25 probe-size on the measurement was investigated
by Chomé [20] by means of a comparison with the thiner probe AP1-C15 with an
external diameter of 1.5 mm. The spatial extension of the pressure sensing hole
(diameter 0.25 mm) represents an averaging over 2.6% of the blade pitch. This
means that the probe is unable to detect the contribution of the kinetic energy of
all fluctuations with turbulence length scales smaller than the sensing hole dimen-
sions. Regarding blockage, large turbulent length scales are going to be affected
by the compression of streamlines around the probe body, resulting in an increase
of the axial component and a decrease of the circumferential component of the
velocity. Finally, the goal of measuring flow phenomena at the blade tip is com-
plicated by the fact that measurements will be affected by wall proximity effects.
All these issues underline once more the need for miniature instrumentation in
turbomachines.

5.2. Casing Wall Static Pressure Contour Maps

5.2.1. Wall Fast Static Pressure Sensors Localization

In the base line configuration, i.e. for a smooth casing, 9 fast pressure sensors are
used for the determination of the wall static pressure field. The disposition of the
fast pressure measurement systems is presented on Fig[5.7] They are one rotor
pitch apart in the circumferential direction, except for Kulites 8 and 9 that are at
the same peripheral position.

pitch: 18.85 (£.5°) 145% (= 9

Figure 5.7.: Schematic view of casing static pressure measurement locations

This arrangement allows avoiding a downstream insert being influenced by the
wake of an upstream insert. They are distributed along the axial direction from
—45% upstream the leading edge of the rotor blade (K8) to 45% downstream the
trailing edge (K9). K6 and K1 are located at the axial position of respectively the
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Figure 5.8.: Photograph of casing with static pressure measurement sensors

leading edge and the trailing edge of the blade tip section. K5, K4, K3 and K2 are
distributed along the axial direction at 15%, 25%, 50% and 75% of the axial chord.
It was expected that the main phenomena would appear in the first part of the
blade passage leading to the need of increasing the axial resolution in this region by
installing K7, K6 and K5 closer to each other. Furthermore, two supplementary
Kulites are placed upstream of the blade row at the same axial position as K7
(—15% of the axial chord with respect to the leading edge) respectively at 120°
(K10) and 220° (K11), considering K7 at 0°, as shown on Fig[5.9 These three
Kulites are used for the detection and the study of the stall phenomena.

Rotational K7
directioy

Figure 5.9.: Circumferential arrangement of the sensors used for the stall cell
detection

In the casing treatment configuration, the unsteady pressure measurement de-
vices were placed at the same position except the one at 25% C,, downstream
the leading edge (K4) wich was shifted to 30% due to the presence of the groove.
Furthermore, Kulite K5, situated in the middle of the groove, is shifted radially
upwards in order to measure the static pressure at the bottom of the groove. Two
additional Kulites were placed at the bottom of the groove, K1C at 9% C,, and
K1D at 21% C,., corresponding to the up- and downstream edge of the groove.
The bottom of the groove thus contains three static pressure measurement points,
two in each corner (K1C and K1D) and one in the middle (K5). Figure
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presents the fast pressure sensors’ arrangement for base line and casing treatment
configurations.

T pitch BB ST ) - o s
| Smoothcasing  145% g

pitch - 1885 [4.5°)

Casing treatment 4% ©q

Figure 5.10.: Schematic top view of the casing static pressure measurement loca-
tions for both casing configurations

5.2.2. Frequency Analysis

The power spectrum of all the unsteady casing wall static pressure sensors is
presented on Fig[5.12] In every trace, the blade-passing frequency, circa 6.3 kHz,
appears as a peak with very high energy content. This peak is followed by several
harmonics. The energy content at the blade-passing frequency is dependent on the
axial position of the sensor. In the trace of the sensor placed over the blade, the
peak at 6.3 kHz is very high and, for some of them, more than 20 harmonics are
visible. Upstream and downstream the blade row, the energy content is decreasing
rapidly. For example, sensor K9, placed at 45% downstream the trailing edge,
presents a lower power spectral density for the peak corresponding to the blade-
passing frequency, and picks up only 4 to 6 harmonics. This is also confirmed by
the power spectrum of the fast response total pressure probe placed in the same
axial measurement plane.

The second peak in the power spectrum is related to the natural frequency of
the measurement system. This peak is caused by the resonance of the membrane
of the sensor itself. The natural frequency of the sensors is between 185 and
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Figure 5.11.: Photograph from the bottom of the rotor casing with the un-
steady static pressure measurement systems in the casing treatment
configuration

215k Hz. Because of the acquisition frequency used (300kH z) and the absence of
anti-aliasing filter, this natural frequency is visible between 85 and 115 kH z.

This frequency analysis shows that the frequency contents of the fast pressure
signals are clear, showing the presence of only the blade-passing frequency with a
large number of harmonics, and the natural frequency of the measurement system.
All fast response pressure signals are low-pass filtered at 80 kHz for the casing
pressure, and at 50 kH z for the rotor exit traverse probe, since no more than 4 to
6 harmonics are picked up at this location.

5.2.3. Post-processing procedure

In order to extract the important information from the raw unsteady pressure sig-
nals, various post-processing methods have been applied. The post-processing al-
lows mapping the mean unsteady casing wall pressure and the fluctuations around
this mean value. The post-processing methods consist in determining the mean
pressure profile over one pitch, by using the Phase-Locked Averaging process, and
the interpolation of the pressure between the measurement planes.

The first step of the post-processing is to extract the mean value of the unsteady
wall static pressure over one single pitch from the large number of blade passages
acquired during each test. The unsteady wall static pressures are acquired during
a period of 218.5 ms. For a rotational speed of the rotor row of around 4728 RPM,
this corresponds to more than sixteen rotor revolutions, or 1377 blade passages. In
order to acquire around 50 points per blade passage, and with a blade-passing fre-
quency of circa 6.3 kH z, the sampling frequency used for the fast pressure sensors
was chosen equal to 300 kHz. An example of the raw voltage signal over one revo-
lution given by fast pressure sensor K3, placed at mid-chord of the rotor blade, is
presented on Fig (top). The oscillations of the pressure, visible on this figure,
are due to the pressure variation between the pressure- and suction side of the
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Figure 5.12.: Power spectral density of the unsteady casing wall pressure signals
for cruise conditions under design point

blades, and thus correspond to the blade passages. Figure (bottom) shows
the one-per-revolution trigger signal. This signal is used for the determination of
the revolutions of the rotor.

Figure[5.14] presents a zoom on the signal from fast sensor K'3. On this figure the
voltages are converted into pressures relative to the tank, using the linear calibra-
tion law. The blade passages can clearly be identified as taking place between two
pressure drops, corresponding to the blade passing in front of the sensor. The left
and right hand side of the pressure drop correspond respectively to the pressure-
and the suction side of the blade. The ”strong” periodicity of the unsteady pres-
sure signals, corresponding to the blade-passing frequency, justifies the averaging
of these signals over one blade passage. This is called the phase locked averaging
procedure and can be explained as follows.
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Figure 5.13.: Raw signal from the mid-chord fast pressure sensor K3 (top) and
from the trigger (bottom) over one rotor revolution

Between two pulses of the trigger signal, i.e. over one single revolution of the
rotor, each fast pressure sensor sees 80 blade passages. For every blade passage,
a fast sensor acquires approximately 50 pressure measurements. The signal over
each complete acquired revolution is interpolated on 8000 points. This corresponds
more or less to a multiplication by 2 of the number of points per revolution. The
interpolation of the signal at the beginning and at the end of the revolution is
performed by using the last point of the previous revolution and the first one of
the next revolution. Considering the rotational speed of the rotor to be constant
over one single revolution, each blade passage corresponds exactly to 100 points.
All the interpolated blade-passage signals are then averaged point by point. The
signal over one blade passage obtained by using this method is an average of all
the blade passages and is called the Phase Locked Average (PLA).

The PLA of the mid-chord unsteady pressure signal is presented on Figl5.15
On this plot the PLA is compared to two random blade passages. The three
signals are non-dimensionalized by the inlet total pressure Py; at midspan, and
are plotted in function of the circumferential coordinates, knowing that one pitch
is equal to :

360deg

80blades

The averaging effect is clearly visible since the fluctuations on the time series

= 4.5deg. (5.1)




“thesis” — 2012/12/11 — 8:48 — page 120 — #134

120 Chapter 5. Rotor Unsteady Flow Field
—— Pressure from K3
--+--Pressure fromV 3
T 1l T T T —
200} i B 4
1 1
250} ! 4
300 POR 1 Y NS LSt USRI (R P L]
E .
= -350 b 4
1 of !
5 1 1
2 400} i i b
E . .
o 1 i
450} ! ! 4
1 1
1 1
5001 1 1 J
i i
1 1BP 1
550| —_— .
| | | II 1 1 1 1 1 1
80.4 805 806 80.7 80.8 80.9 81 811 81.2
Time [ms]

Figure 5.14.: Relative unsteady pressure at mid-chord over 5 blade passages

disappear on the average. This also shows that a RMS value can be computed
over one blade passage, showing interesting features. The average is performed
over 1280 blade passages, corresponding to 80 blade passages over 16 revolutions.
From a statistical point of view this number is significant.

The PLA determination method is based on the assumption that the rotational
speed of the rotor is constant over one single revolution. The variation of the
velocity of the VKI-R4 facility during the acquisitions was investigated by Chomé
[20]. He determined that the maximum variation of the peripheral velocity over
one single acquisition equals 0.38%. This is based on the one-per-revolution trigger
and thus corresponds to the variation between the revolutions. Thanks to the me-
chanical inertia of the facility, the reduced speed evolution over a single revolution
can be considered linear. Hence the maximum velocity variation between the rev-
olutions corresponds to the maximum velocity variation between blade passages
over one single revolution. This maximum variation of the blade-passage time of
0.38% is totally negligible.

The phase-locked averaging procedure allows to obtain a first 3D visualization of
the unsteady casing wall static pressure field. This is presented on Figl5.16] If this
visualization allows a comparison between different configurations and between
experimental and CFD results, it is not enough to catch the flow structure in the tip
region of the rotor blades. For that, a spatial interpolation of the pressure over the
entire measurement domain is required. The interpolation process is characterized
by four principal parameters: the domain of interpolation, the quality of the final
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Figure 5.15.: PLA of the mid-chord pressure signal compared to two random blade
passages

grid, the method of the interpolation, and the interpolation direction.

The interpolation domain considered is delimited in the axial direction by fast
pressure sensors K8 and K9 placed at 45% of the axial chord, respectively up-
stream of the leading edge and downstream of the trailing edge. In the circum-
ferential direction, the interpolation will be carried out over one single pitch ,
corresponding to the result of the PLA process. For the quality of the final grid,
the interpolated pressure will be given on a 200x200 grid. This is a good bal-
ance between the high quality grid and the limitation of the processing time. The
imposed method for this interpolation is linear.

Concerning the direction of the interpolation, the choice was really complicated
by the difference in terms of resolution of the measurement points between the
axial and the circumferential direction. The resolution in the axial direction is
very low because it is determined by the nine measurement planes, corresponding
to the fast sensors’ locations. On the other hand, the circumferential resolution is
high with 100 points over one pitch from the PLA. The problem of the choice of
the interpolation direction was already underlined by Gannon et al. [39]. Due to
the resolution difference, the basic interpolation in the axial and circumferential
direction gives a jagged pressure profile around the blade and does not allow the
observation of the physical phenomena in the flow, like the tip leakage vortex.
The static pressure field based on this interpolation is shown on Figl5.17 for the
design point in the smooth casing configuration. A second reason of this shape of
the pressure field is the direction of the strong pressure gradient. This pressure
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Figure 5.16.: 3D visualization of the phase-locked averaged casing wall static pres-
sure under design conditions

gradient is due to the passage of the blade in front of the fast pressure sensors.
Consequently this gradient follows the blade stagger angle and is not aligned with
the axial or the circumferential axis.

It was then decided to interpolate the wall static pressure following the stagger
angle at the tip. The interpolated pressure field is presented on Fig[5.18| for the
smooth casing configuration under design (left) and near-stall conditions (right).
This interpolation allows to remove the wave shaped isobars in order to reveal the
physical phenomena occurring in the flow.

The first observation is the location of the strong pressure gradient correspond-
ing to the pressure side of the blade. Secondly, the increase of the static pressure in
the axial direction over the rotor row is clearly visible at design point. Under near-
stall conditions this is less obvious because of the limited pressure ratio achieved
by the rotor. Also at design point, a low pressure region along the suction side
of the blade is present. This region corresponds to the origin of the tip leakage
vortex, as described in the literature review. From this region, a low pressure path
spreads into the flow passage. This path is generated by the rolling up process of
the tip-leakage flow into the tip leakage vortex. This vortex extends in the flow
passage and its axis is aligned with the low pressure path. The importance of the
pressure gradient in the tip leakage vortex path decreases in the axial direction.
This is due to the radial plunge of the vortex into the flow passage as it moves
downstream.
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Figure 5.17.: Static pressure field, under design conditions for smooth casing con-
figuration, based on an interpolation along the axial direction

Under near-stall conditions, presented on the right hand side of Fig[5.18] the low
pressure region, corresponding to the origin of the tip leakage vortex, is present
but not clearly delimited. Furthermore, the extension of the tip leakage vortex,
indicated by the low pressure path spreading in the flow passage, cannot be located
with accuracy. This is due to the big difference between the stagger angle of the
blade, considered as the interpolation direction, and the angle of the vortex axis.
Indeed these two directions follow the two pressure gradients present in the flow.
In the same way that the interpolation along the axis is not appropriate for a
pressure gradient following the stagger angle, an interpolation along the stagger
angle is not relevant for a pressure gradient following a very different direction.
In the design case, the stagger angle and the vortex axis angle are close. The
interpolation along the stagger angle can be applied for the tip leakage vortex. It
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Figure 5.18.: Static pressure field, under design (left) and near-stall (right) con-
ditions for smooth casing configuration, based on an interpolation
along the stagger angle direction

is no longer the case under the near-stall conditions. A new set of directions of
interpolation, depending on the working conditions and on the spatial location, has
thus to be defined. These directions have to be as close as possible to the physical
phenomena expected in the flow. This process was suggested by Gannon et al. [39].
Finally, the interpolation has been performed, for all working conditions except
near stall, following the axial direction upstream the leading edge and downstream
the trailing edge, and following the vortex direction between the leading- and the
trailing edge. The choice of the vortex direction instead of the stagger angle comes
from the fact that we are interested in the tip leakage vortex phenomenon. Under
near-stall conditions, the interpolation direction is also axial upstream the leading
edge and downstream the trailing edge. Between mid-chord and the trailing edge,
the pressure field is interpolated along the stagger angle. Between the leading edge
and the mid-chord, one carries out an interpolation between two directions: one
following the stagger angle, and the second one following the tip leakage vortex
axis. A multiple linear regression is performed between these two directions.

The direction of the vortex axis, used for the interpolation under near-stall con-
ditions, as well as the regions where different directions of interpolation are applied,
are determined graphically based on the results obtained from the interpolation
following the stagger angle. This process is long and must be adapted for every
compressor or working conditions.
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5.2.4. Tip Leakage Vortex Path
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Figure 5.19.: Experimental (dot) and averaged numerical (single line, FINE by B.
Farkas) non-dimensionalized unsteady casing static pressure varia-
tion at design working point at various axial positions under cruise
conditions

The unsteady wall casing static pressure distribution under design conditions
over one pitch is presented on Fig[5.20] This distribution is obtained by applying
the phase-locked averaging method presented above. The traces correspond to
the variation of the static pressure around its mean value for the different fast
sensors, non-dimensionalized by the mid-span inlet total pressure %. On
this figure, the experimental distribution is compared to the numerical results.

The pressure traces show two different regions. The first region comprises a
sharp pressure drop followed by a very low pressure area. This pressure drop
occurs when the pressure side of the blade is passing by the pressure sensing hole.
The location of this pressure drop varies in function of the axial position of the fast
pressure sensor depending on the stagger angle. The pressure drop is followed by
a low pressure area corresponding to the blade passage in front of the sensor and
caused by the very high velocity of the flow inside the tip clearance, as described
in the literature review. The pressure trace from the sensor located at mid-chord
(sensor K3) shows that this low pressure region extends to about 7.5% of the rotor
pitch, which correponds to the maximum thickness of the blade at this position.
The end of this area corresponds to the passage of the suction side of the blade
by the sensing hole.

The second region is characterized by an increase of the pressure from the suction
side to the pressure side of the blade and corresponds to the flow passage. In some
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traces, a second local pressure minimum is visible. This is attributed to the tip
leakage vortex itself rolling-up into the passage.
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Figure 5.20.: Experimental (dot) and numerical (single line, FINE by B. Farkas)
non-dimensionalized unsteady casing static pressure variation at de-
sign working point at various axial positions

The agreement between CFD and experiments can be considered very satisfac-
tory in terms of pressure drop location and pressure levels. Differences can be
observed in the sharpness of the pressure drop as well as in the absence of some
sharp pressure peaks in the results of the experiment. This is caused by the spatial
extension of the sensing area of the pressure measurement systems. The diameter
of 0.8 mm of the sensing holes, which corresponds to 4.2% of the rotor pitch,
introduces an averaging of the pressure leading to a smoothing of the pressure
traces. The spatial averaging of the experimental data due to the size of the probe
is shown on Fig[5.19] This plot presents the PLA of the experimental casing static
pressure traces and the averaged static pressure from the numerical simulations
performed by B. Farkas with the FINE code. The averaging of the numerical
traces is performed over 10 points corresponding to 5% of the blade passage, and
to the size of the sensing area of the static pressure sensors in the inserts. On
this figure, we can observe the very high similarity between the experimental and
numerical results, especially in terms of slope in the blade region and of amplitude
of the traces.

The influence of the Reynolds number on the casing static pressure distribution
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Figure 5.21.: Experimental non-dimensionalized unsteady casing static pressure
variation at design working point at various axial positions under
cruise and take-off pressure conditions

has been investigated by using the possibility to pressurize the facility, as explained
in section (3.5} Figure |5.21] presents the pressure traces from all the fast sensors
for conditions corresponding to cruise and take-off at design working point. In
section it has been shown that the flow characteristics in terms of static-to-
total pressure ratio in the compressor at the various working points between cruise
and take-off conditions were similar. A comparison between these two working
conditions is thus relevant. As it can be observed on Fig[5.21] the effect of the
Reynolds number on the pressure level and the shape of the pressure distributions
is very low. But, on the other hand, a phase shift appears between the results
under cruise and take-off conditions. This shift is caused by the difference of the
torque required to run the compressor under low- or high pressure, and caused by
the torsion of the shaft between the rotor and the measurement location of the
one-per-revolution trigger. Under low-pressure conditions, corresponding to cruise
conditions, the torque required to run the compressor (180 Nm) is really lower
than under high pressure, corresponding to take-off conditions (450 Nm). This
torque difference introduces a variation in the torsion of the shaft. This and the
distance on the shaft between the rotor and the trigger location lead to a change
in the relative position of these two elements. It explains the phase shift in the
casing pressure traces between the two test conditions. Consequently hereafter, the
take-off data are artificially shifted in order to consider the same circumferential
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reference relative to the rotor. The very low influence of the Reynolds number as
well as the phase shift were also observed at the other working points (points A,
B and D as described in section .

The effect of the circumferential groove casing treatment on the wall casing
static pressure distribution has also been investigated. The study of the pressure
traces does not show a clear effect of casing treatment on the flow path. The
interpolation of the pressure described in the previous section allows showing this
influence.
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Figure 5.22.: Non-dimensional unsteady casing wall static pressure field from the
interpolation of the experimental measurement (left) and from the
CFD calculation using FINE by B. Farkas (right) in the smooth
casing configuration under design working conditions

The interpolated experimental pressure distributions for the smooth casing con-
figuration at design and near-stall working points are presented on the left hand
side of Figl5.22 and Fig (the results for the choke conditions are presented in
Appendix @FIOn these figures the pressure field is presented over two pitches in
order to increase the visibility of the phenomena occurring in the flow. The pres-
sure is given in terms of wall static pressure divided by the inlet stage mid-span
total pressure Ps/Pp; and an identical pressure scale is used for both experimental
and CFD results. On Fig three regions are marked. Region (I) indicates the
sharp pressure gradient corresponding to the pressure side of the blade. Region
(IT) corresponds to the low static pressure region on the suction side of the blade.
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As already indicated in the literature survey, this low pressure region represents
the origin of the tip leakage vortex (Storer and Cumpsty [102]). From region (II),
a region of bended isobars spreads into the flow passage. This pressure trough,
indicated as region (IIT) and marked by the dashed line, is caused by the extension
of the vortex into the flow passage. Inoue et al. [58] showed that the tip leakage
vortex axis is aligned with this pressure trough. The comparison of the inter-
polated experimental measurements and the results of the numerical simulation
shows that these three regions are clearly visible in the results of the numerical
simulation as well. The location of the origin of the tip leakage vortex represented
by the low pressure region is well predicted by the CFD (at around 25% of the
axial chord under design working conditions). Yet, the direction of the tip leakage
vortex trajectory presents a steeper slope in the numerical results. This can be
related to the difference between the real tip gap in the compressor stage, and
the theoretical tip gap considered in the simulations. In the CFD simulations, the
tip gap is fixed at 0.3 mm (1.3% of blade height). But as presented in section
[3:2] the real minimum tip gap under running conditions is between 0.12 and 0.25
mm (between 0.5% and 1.08% of blade height), depending on the circumferential
location.
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Figure 5.23.: Non-dimensional unsteady casing wall static pressure field from the
interpolation of the experimental measurement (left) and from the
CFD calculation using FINE by B. Farkas (right) in the smooth
casing configuration under near-stall working conditions
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The casing wall static pressure field from the interpolation of the experimental
measurement and from the CFD calculation, in the smooth casing configuration
under near-stall working conditions, is presented on Figl5.23] The study of this
figure and of the previous reveals the influence of the throttling on the origin of
the tip leakage vortex and on its slope. A decrease of the flow coefficient leads to a
shift of the origin of the vortex, corresponding to the low pressure region, towards
the leading edge of the blade. This is caused by the increase of the incidence, and
hence of the blade loading, leading to the upstream displacement of the maximum
pressure difference between the pressure- and suction side of the blade. Near stall,
this region is located nearly at the leading edge of the blade. At the same time,
the slope of the vortex axis relative to the stagger angle increases, as observed
experimentally by Koch in 1974 [63]. This behavior is confirmed by the unsteady
pressure field under choke working conditions (see Appendix [12]. The effect of
the throttling on the tip leakage vortex comes from the fact that the direction of
the vortex results from an equilibrium between the momentum of the main flow
and of the tip leakage flow [78]. The reduction of the flow coefficient leads to an
increase of the blade loading, i.e. of the momentum of the tip leakage flow. At
the same time, this reduction induces a decrease of the momentum of the main
flow. The equilibrium between the two momentums is thus modified, leading to an
increase of the slope of the tip leakage vortex compared to the stagger angle. The
increase of the slope of the tip leakage vortex axis could lead to an increase of the
interaction region between the vortex and the main flow. It induces the creation of
more blockage due to the vortex. This will be discussed in the following section by
the observation of the unsteady total pressure distribution downstream the rotor
row. Furthermore, the decrease of the flow coefficient leads to a reduction of the
visible length of the tip leakage vortex path, represented by the pressure trough.
At design point, the vortex is still visible in the wall plane downstream the trailing
edge of the blade. At near-stall, it vanishes rapidly from the mid-chord.

In spite of the increase of the slope of the tip leakage vortex, its trajectory
is going well into the blade passage and at the same time remaining quite far
from being tangentially aligned with the plane of the leading edge of the rotor.
Furthermore, the study of the casing wall static pressure field under near-stall
conditions does not show any sign of the presence of a backflow from tip clearance
fluid at the blade trailing edge, or a leading edge spillage of tip clearance flow below
the blade tip of the adjacent blade. According to Tan [I06], this absence of total
blockage of the core flow in the tip region under near-stall conditions indicates
that the compressor presents a typical modal stall inception process linked to a
long wavelength disturbance, extending radially through the stage. This type of
stall inception of the compressor was already pointed out in section by the fact
that the stability limit was reached at the zero-slope point of the total-to-static
characteristic, indicating a modal type of stall inception.

The comparison between the experimental and CFD results shows also a good
prediction of the casing flow field, except for the slope of the tip leakage vortex axis
that is again steeper in the numerical results. The numerical simulations under
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Figure 5.24.: Non-dimensional experimental interpolated unsteady casing wall
static pressure difference between the cruise and the takeoff condi-
tions in the smooth casing configuration at near-stall working point

near-stall conditions allow to confirm the absence of any backflow or spillage, as
described in the previous paragraph.

The influence of the Reynolds number on the casing wall static pressure field
is presented on Fig[5.24] This figure shows the isobar lines of the static pressure,
measured with inlet stage total pressure conditions corresponding to cruise and
corresponding to take-off, at near-stall working point for both conditions. The
isobars correspond to the static pressure, non-dimensionalized by the mid-span
inlet total pressure II;TS. The high similarity between the two pressure fields leads
to the assessment that the Reynolds number has no effect on the casing wall static
pressure distribution. This weak effect has been observed at the other working
points as well.

The experimental casing wall static pressure maps at design working point are
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Figure 5.25.: Non-dimensional experimental (left) and numerical (right, FINE by
B. Farkas) casing static pressure field for smooth casing (top of the
figures) and casing treatment configuration (bottom of the figures)
under design working conditions (point C')

compared to the numerical results in Fig5.25] for both smooth casing and casing
treatment configuration. The location of the circumferential groove casing treat-
ment (between 9% and 21% of the axial chord) is represented by black dashed
lines. The pressure field at the groove location corresponds to the pressure in the
radial plane of the casing, i.e. the pressure at the entrance of the groove. In the
experimental results, the pressure fields are similar in terms of shape or level of the
isobars, as well as of the location of the low pressure region or pressure trough cor-
responding to the tip leakage vortex. This means that the casing treatment does
not influence the wall static pressure field at this working point. On the other
hand, the numerical results show an important influence of the circumferential
groove on the pressure distribution around the casing treatment. The variation
of the static pressure at the groove entrance is obviously not visible in the exper-
imental results, wich is due to the impossibility to place fast pressure sensors at
this location. Outside the groove area, the impact of the groove casing treatment
on the tip leakage vortex path and on the flow is negligible, as observed in the
experimental results. These observations made at design working point are valid
for choke working point (point A) and point B as well.

Fig presents the experimental and numerical static pressure field under
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Figure 5.26.: Non-dimensional experimental (left) and numerical (right, FINE by
B. Farkas) casing static pressure field for smooth casing (top of the
figures) and casing treatment configuration (bottom of the figures)
under near-stall working conditions (point D)

near-stall conditions for both casing configurations. Under these working condi-
tions, the circumferential groove has a visible effect on the tip leakage vortex path.
The first influence is the reduction of the vortex angle with respect to the axial
direction by the use of the casing treatment. This impact is visible in the exper-
imental measurements as well as in the numerical simulations. The second effect
is the variation of the extension of the tip leakage vortex in the wall plane. In the
numerical results, the use of the casing treatment leads to a decrease of the length
of the vortex that can be explained by a radial shift of the vortex towards the hub.
In the experimental flow field, the vortex seems to be elongated by the use of the
casing treatment. This elongation is explained by the axial displacement of the
sensor located just downstream the groove, from 25% to 30% of the axial chord,
as described in section This pressure field variation is thus not caused by a
physical phenomenon. Outside the sphere of influence of the tip leakage vortex,
the flow field is similar for the two casing configurations.

The impact of the circumferential groove casing treatment on the flow field
under the various working conditions can be explained by the position of the
origin of the tip leakage vortex relative to the casing treatment. The origin of
the vortex, corresponding to the low pressure region, is located downstream the
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casing treatment for choke to design working conditions. At these working points,
the effect of the groove on the tip leakage vortex is negligible. On the other hand,
under near-stall conditions, the effect of the casing treatment on the tip vortex is
important. At this working point, the low pressure region is located upstream the
casing treatment.
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Figure 5.27.: Non-dimensional experimental and numerical (FINE by B. Farkas)
static pressure at the top of the circumferential groove casing treat-
ment under design working point (left) and near-stall working con-
ditions (right)

The experimental and numerical static pressure fluctuations occurring at the
bottom of the groove are presented on Fig[5.27] The experimental pressure fields
are obtained by the interpolation of the pressure traces from the three fast pressure
sensors installed at the bottom of the groove. As described in section [5.2.1] two of
these sensors are placed on the edge of the groove (K1D and K1C' at respectively
9% and 21% of the axial chord) and the third at the center of the groove (K5 at
15% of the axial chord). The interpolation is done following the same direction
as the one used for the interpolation of the pressure in the casing plane, at the
same axial position. The numerical pressure map is the result of an identical
interpolation of the three pressure traces extracted from the CFD results at the
same axial position as the fast sensors. The pressure fluctuations under design (left
hand side on the figure) and near-stall (right hand side on the figure) conditions
show a typical sinusoidal shape at the scale of the blade-passing frequency.

The tip leakage vortex can be located by the pressure trough in the casing wall
static pressure maps, as described before. This vortex is also characterized by a
very high level of turbulence. This high level is caused by the high gradient of
the magnitude and the direction of the velocity inside the vortex, as well as by its
oscillation. The root mean square (RMS) of the static pressure in the casing plane
is thus an appropriate way of determining the tip leakage vortex path. The RMS
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Figure 5.28.: Experimental non-dimensional casing wall static pressure fluctua-
tions around the PLA (RMS) under choke working conditions for
the smooth casing configuration

is a statistical tool giving the magnitude of the variation of a quantity around its
mean value. In this case, the RMS of the static pressure is based on the variation
of the pressure traces of all the blade passages around the trace resulting from the
PLA. Consequently, the RMS of the static pressure in one point is defined as:

N

0.5
RMSp = <N1_1 ; P — PpLA)2> . (5.2)
where N is the number of blade passages acquired, P; is the pressure at the blade
passage i at the point considered, and Ppy 4 is the pressure of the PLA at this same
point. From the pressure traces coming from the fast casing pressure sensors and
using this definition, it is possible to calculate the traces of the RMS of the pressure
at the axial positions corresponding to the various sensors. By means of the same
interpolation procedure as the one used for the pressure, the map of the RMS of
the casing wall static pressure can be established. Figure[5.28| presents the RMS of
the pressure under choke working conditions for the smooth casing configuration.
The regions of high level of turbulence correspond to the high RMS regions. There
are three noticeable areas of high RMS. The first region (I) is located along the
pressure side of the blade. The high RMS at this location is caused by the very high
pressure gradient, the oscillation of the blades and the discrete character of the
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measurement. The blades’ oscillation and the discretization of the measurement
leads to a slight variation of the circumferential location of the pressure drop,
caused by the pressure side of the blade passage, for each blade passage. This
variation coupled with the high pressure gradient introduces a high variation of
the magnitude between the various pressure traces, inducing a high RMS. The
second and the third region, (IT) and (III), correspond to the tip leakage vortex.
The presence of two high RMS caused by the vortex is explained by the origin of
these regions. These are created by the direction of the flow on the sides of the
vortex and by the oscillation of the vortex. On the sides of the vortex, the flow
is moving nearly perpendicularly to the casing wall, creating two very localized
stagnation points on the wall, corresponding to two high pressure gradients. The
oscillation of the vortex shifts the position of these high gradient regions, leading
to the presence of two high RMS regions. This phenomenon was pointed out by
Inoue and Kuroumaru [5§].
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Figure 5.29.: Experimental non-dimensional casing wall static pressure fluctua-
tions (RMS) under near-stall working conditions for the smooth cas-
ing configuration (left) and the casing treatment configuration (right)

For working conditions from choke to design, the observation of the RMS field
leads to the similar conclusion as from the pressure maps [I2]. The more upstream
location of the high unsteadiness region corresponding to the vortex is clearly seen
to move forward up to the leading edge, and the slope of the vortex axis is steeper
as the throttling is increased. The comparison between the RMS field for the
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smooth casing and casing treatment configurations shows that the effect of the
casing treatment on the tip leakage vortex and the flow field at the tip region
is negligible. On the other hand, the RMS visualization allows a better view of
the tip leakage phenomenon under near-stall working conditions. The RMS of
the wall static pressure at a near-stall working point is presented on Figl5.29] for
the smooth casing and the casing treatment configurations. First of all, the RMS
field shows very clearly the trajectory of the tip leakage vortex, better than on the
pressure field. Furthermore, the effect of the casing treatment is highlighted by the
RMS comparison for both casing configurations. In the case of a smooth casing,
the interaction zone of the vortex with the core flow, represented by the high
unsteadiness area, covers 75% of the blade passage at 50% of the axial chord. In
the casing treatment configuration, the unsteadiness produced by the tip leakage
vortex is strongly reduced. This can be explained by the reduction of the rotational
intensity of the vortex caused by the fact that the velocity component of the tip
leakage flow exiting the groove are negligible perpendicularly to the blade, as
presented by Wilke et Kau [I14], which leads to the disappearance of a driving
force for the rolling-up mechanism of the vortex.

5.3. Simultaneous Acquisitions

In order to investigate the blockage introduced by the tip leakage vortex in the
blade passage, as well as the influence of the casing treatment on this blockage,
radial traverses with a fast pressure probe were performed downstream the rotor
row. The probe used is described in section The radial traverse counts 16
measurement points between 16.3% to 97.8% of blade height. The phase locked
averaging process described previously is applied to the pressure signals from the
various radial positions. The pressure traces obtained by the PLA are then used
to interpolate the complete map of the total pressure downstream the rotor. The
interpolation is performed following the radial and circumferential directions.
The experimental (top) and numerical (bottom) unsteady total pressure field,
established from the fast pressure probe, and the casing wall static pressure are
presented together on Figl5.30] for the smooth casing configuration under design
working conditions. The total pressure downstream the rotor and the casing
static pressure are acquired simultaneously, making this coupled representation
of the results convenient. On this figure, the total and static pressures are non-
dimensionalized by the inlet total pressure at mid-span, i.e. in terms of Ps/Py;
and Pys/Py1. In order to capture the various phenomena present in the flow, only
the fluctuations of the pressure are presented. This means that the mean value
of the pressure at each axial (in casing plane) and radial (downstream the rotor)
measuring position has been subtracted from the data measured at this position.
Visualization of the three-dimensional flow topology is impossible otherwise, con-
sidering the highly non uniform radial distribution of the rotor work. The absolute
levels of the casing static pressure and the total pressure downstream the rotor
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are too different to be plotted simultaneously with a single scale.

Paint C, Kulites - Fast probe C15

% Rotor pitch
Pressure variations, Point C, CFD

% Rotor pitch

Figure 5.30.: Experimental (top) and numerical (bottom, FINE by B. Farkas)
non-dimensional pressure field in the planes of the casing and down-
stream the rotor, under design working conditions for a smooth casing
configuration

The pressure arrangement, used on figure Fig[5.30] gives a very good visualiza-
tion of the tip leakage vortex path in the two planes and allows highlighting the
blockage area in the flow passage introduced by the tip leakage vortex. Further-
more, the blade wake and the hub secondary flow losses and separation are clearly
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visible in the plane downstream the rotor. In the casing plane, the low pressure re-
gion, corresponding to the origin of the vortex , and the pressure trough indicating
the vortex path can be identified, as described previously. The tip leakage vortex
introduces a loss core in the plane downstream the rotor. This core is indicated
by the nearly circular low pressure region located along the tip region of the flow
passage and in the prolongation of the pressure trough in the casing plane. A
second area of high losses is seen as a vertical line from hub to around 90% of the
blade height. This low pressure area follows the blade profile and corresponds to
the wake of the blade. In the hub region, the wake of the blade seems to enlarge.
This is due to the superposition of the loss due to the wake and to the separation
of the flow at the hub of the blade. Figure [5.31] presents a flow visualization from
the numerical results where the tip leakage vortex and the separation at hub are
highlighted by using streamlines. The related low pressure regions in the plane
downstream the rotor are clearly visible.

Figure 5.31.: Visualization by numerical streamlines of the tip leakage vortex and
the flow separation on the suction side of the blade at the hub under
design conditions for the smooth casing configuration, FINE by B.
Farkas

The numerical pressure fields are presented on the bottom part of Fig[5.30] The
low pressure region corresponding to the phenomena described above are present as
well. The tip leakage vortex path can be easily followed in the casing plane. In the
plane downstream the rotor, the blockage due to the vortex, the wake of the blade
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and the hub flow separation are evidenced. Nevertheless, the comparison with the
experimental results reveals some differences. Firstly, the measured thickness of
the wake is larger than predicted. This is caused by the non-negligible size of the
probe and the related spatial averaging. This spatial resolution leads also to make
the separation between the low pressures regions, corresponding to the wake and
the tip leakage vortex core, to disappear. In the CFD results, these two regions
appear as distinct.

% Span

% Rotor pitch

Figure 5.32.: Simultaneous visualization of the non-dimensional measured pressure
field in the planes of the casing and downstream the rotor, under
near-stall working conditions for a smooth casing (top) and casing
treatment (bottom) configurations
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This simultaneous visualization of the pressure fields, in the plane of the cas-
ing and downstream of the rotor, is used to determine the influence of the casing
treatment on the blockage introduced by the tip leakage vortex. As previously ob-
served with the casing static pressure field alone, the circumferential groove casing
treatment does not have any influence on the topology of the tip flow and vortex
for working conditions from choke (point A) to design (point C). Under near-stall
conditions (point D), the effect of the casing treatment are non-negligible. Figure
[5.32] presents the experimental pressure field in the planes of the casing and down-
stream the rotor under near-stall working conditions for a smooth casing (top) and
casing treatment (bottom) configurations. The first observation from the study of
the pressure field on the plane downstream the rotor is the presence of a very large
separation region at the hub of the suction side of the blade indicated by the low
pressure. This very large separation at the hub is considered as the cause of the
onset of the rotating stall in the compressor. This explains the absence of effect
of the casing treatment on the stability margin since this rotor is non tip-critical,
as described by Greitzer et al. [43]. Furthermore, the comparison between the
pressure fields under design and near-stall conditions shows that the loss core is
seen to be weaker as the flow coefficient is reduced.

The separation area at the hub could be caused by a hub corner stall or by a
separation of the flow on the suction side of the blade. To determine the origin
of the separation, the type of hub corner separation is determined by means of
the parameters defined by Yu and Liu [II8]. This separation covers 20% of the
pitch under design conditions and 35% near stall. Using the characteristics of the
compressor and the definition of Yu and Liu, the stall indicator S, is equal to
0.144 at design working point and 0.252 under near-stall conditions. The diffusion
parameter D,, is then calculated from the relative flow angle and velocities pre-
sented in section The diffusion parameter is 0.203 at design and 0.279 near
stall. These values of the stall indicator and of the diffusion parameter show that
the compressor presents a hub corner separation under both design and near-stall
working conditions. The large separation area at the hub of the blade is thus
caused by a flow separation on the suction side of the blade. Figure presents
a visualization by numerical streamlines of the tip leakage vortex and flow separa-
tion at the hub under near-stall conditions. The enlargement of the low pressure
region at the hub can be clearly related to the appearance of a blade separation
at hub with separated flow, detached from the suction side of the blade. This
confirms the corner stall prediction model of Yu and Liu.

The effect of the casing treatment on the tip leakage vortex trajectory is marked
by the dashed black lines on Fig[5.32] The presence of the circumferential groove
casing treatment induces a circumferential displacement of the vortex core in the
plane downstream the rotor. The low total pressure region corresponding to the
vortex spreads more into the flow passage in pitch direction for the casing treat-
ment configuration. The radial extension of the vortex does not seem to be affected
by the casing groove. A similar influence of the groove is observed in the numeri-
cal pressure fields presented on Fig[5.34] On that figure, the overestimation of the
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Figure 5.33.: Visualization by numerical streamlines of the tip leakage vortex and
the flow separation on the suction side of the blade at the hub under
near-stall conditions for the smooth casing configuration, FINE by
B. Farkas

extension of the tip leakage vortex core by the CFD can be observed.

In order to get a more explicit view of the extension of the tip vortex in the core
flow, we have studied the RMS fields of the casing static pressure and the total
pressure downstream the rotor. These RMS fields under choke working conditions
for the smooth casing configuration are presented on Fig[5.35 On this figure, the
scale of the RMS in the two measurement planes has been adapted in order to
improve the visibility. Indeed, due to the structure of the flow, the ratio of the
maximum RMS downstream the rotor and the maximum RMS in the plane of the
casing is close to 2. The scale of the RM S in the casing plane is shown on the
figure. In the plane downstream the rotor there are two zones of high unsteadiness.
The zone located in the tip region (i) corresponds to the core of the tip leakage
vortex. The very high level of the unsteadiness in this zone reveals the strong
interaction between the vortex flow and the main flow, and thus a high level of
loss. The second zone of unsteadiness (ii) is caused by the wake of the blade.
The relatively low level of unsteadiness in the wake, compared to the vortex core,
shows that the principal origin of losses, under these working conditions, is the
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Figure 5.34.: Simultaneous visualization of the non-dimensional numerical pres-
sure field in the planes of the casing and downstream the rotor, under
near-stall working conditions for a smooth casing (top) and casing
treatment (bottom) configurations, FINE by B. Farkas

tip leakage vortex. The effect of the casing treatment on the tip leakage vortex
appears negligible in the RMS field as well. A similar conclusion can be reached
under design working conditions.

The RMS fields of the casing static pressure and the total pressure downstream
the rotor under near-stall working conditions are presented on Figl5.36] for both
casing configurations. Under these conditions, the relative importance of the two
zones in the plane downstream the rotor, the tip vortex core and the wake of the
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Figure 5.35.: Experimental non-dimensional pressure fluctuations field (RMS) in
the planes of the casing and downstream the rotor under choke work-
ing conditions for a smooth casing configuration

blade is reversed in terms of unsteadiness magnitude. The unsteadiness level in
the wake is higher than in the vortex core, meaning that the principal source of
loss is the wake of the blade. The wake unsteadiness zone is actually caused by the
wake of the blade itself mixed with the hub blade separation. The inversion of the
relative importance of the two zones is caused by an increase of the unsteadiness in
the wake, due mainly to the apparition of a hub corner stall, and by a reduction of
the unsteadiness level in the tip leakage vortex core. This confirms the decrease of
the weakness of the loss core, observed in the pressure fields, as the flow coefficient
is decreased.

Concerning the effect of the casing treatment on the pressure fluctuations field,
the circumferential displacement of the vortex core, due to the presence of the
groove, is equally observed in Fig[5.36] The red line indicates the extension of
the tip leakage vortex core in the flow passage at 98% of the blade height. With
the smooth casing, the vortex core extends from 100% to 130% of the pitch. In
the casing treatment configuration, the extension of the vortex is between 100% to
140% of the pitch. Furthermore, the RMS in the tip vortex core shows a lower value
with casing treatment. This signals a lower level of unsteadiness in this region,
inducing a reduction of the interaction between the vortex and the core flow. The
displacement of the vortex core and the reduction of the unsteadiness are shown in




“thesis” — 2012/12/11 — 8:48 — page 145 — #159 EF

5.3. Simultaneous Acquisitions 145

% Span

I

B 180 200

IR 160

e T 100 120 M0
T 60 80

% Rotor pitch

T 200
o0 140 160
s 100

%e, M5y a0

% Rotor pitch

Figure 5.36.: Experimental non-dimensional pressure fluctuations field (RMS) in
the casing and downstream rotor planes under near-stall working
conditions for a smooth casing (top) and casing treatment (bottom)
configurations

Fig[5.37 This figure shows the difference of the RMS fields between the two casing
configurations RM Sgmooth — RM Streatment- The high positive difference in the
tip region (i) indicates a lower unsteadiness in the casing treatment configuration.
This shows the reduction effect of the casing treatment on the unsteadiness. The
high negative region, located just to the right (ii), is caused by the increase of the
circumferential extension of the vortex core in the case of the casing treatment.
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Figure 5.37.: Difference of the experimental non-dimensional total pressure fluctu-
ations (RMS) downstream the rotor between the two casing config-
urations under near stall working conditions

5.4. Conclusion

This chapter presents the results of the investigation of the three-dimensional
unsteady phenomena occurring in the rotor row of the VKI R4 low-pressure axial
compressor. Furthermore, the effect of a circumferential groove casing treatment
on the unsteady flow field in the tip region of the compressor is shown. The
flow fields are presented in terms of casing wall static pressure and total pressure
downstream the rotor. The experimental pressure measurements are done by
means of a specific instrumentation. This instrumentation is characterized by a
very fast response and a high level of miniaturization. The casing wall static
pressure is measured by using fast sensors, placed in the casing. A system of
inserts is used in order to protect the sensor and to increase to spatial resolution
of the measurements. The inserts are flush mounted in the casing at various
axial locations in order to cover from —45% to 145% of the axial chord and they
are spaced by one rotor pitch in the circumferential direction. Their axial final
position allows avoiding the influence of the sensor wake on the measurements.
The frequency analysis shows that the use of the inserts reduces the frequency
domain of the measurement system. Neverthless, this frequency domain being
around 12 times the blade-passing frequency, it remains largely sufficient.

A post-processing procedure has been developed and applied to the pressure
signals in order to extract the information at the time scale of a blade passage.




“thesis” — 2012/12/11 — 8:48 — page 147 — #161

5.4. Conclusion 147

This procedure allows to build the pressure field over a single pitch and over the
complete measurement axial domain from the pressure signals from nine sensors,
acquired during approximately 16 revolutions. The first part of the post-processing
is the reduction of the pressure signal corresponding to 1377 blades passages to a
mean signal over a single blade-passage. This method is called the Phase Locked
Average, or PLA. The first step of the PLA is the decomposition of the entire
signal in signals corresponding to each blade passage. This is based on a one-
per-revolution trigger signal and assumes that the rotational speed of the rotor
is constant over one revolution. Then the pressure signals of each blade passage
is interpolated in order to obtain signals with a constant number of points and
points positions. Finally the various pressure signals are averaged point by point
and the resulting signal is the mean signal over one blade-passage. The PLA of
the pressure signals from the various sensors are used to interpolate the pressure
field over one pitch and over the complete measurement axial range. Due to the
very low resolution of the measurement in the axial direction compared to the
resolution in circumferential direction, specific directions of interpolation have to
be considered.

The interpolated unsteady casing wall pressure fields show clearly the important
phenomena in the flow in the tip region. In these fields, a low pressure region,
corresponding to the origin of the tip leakage vortex, is visible along the suction
side of the blade. The path of the tip vortex in the blade passage is marked by
the low pressure zone extending from the low pressure region along the blade and
detaching from the blade. These two elements allow a good visualization of the
position of the tip leakage vortex as well as its direction. Finally, the pressure side
of the blade corresponds to a very sharp pressure gradient. The origin of the tip
vortex is seen to move towards the leading edge of the blade as the flow coefficient
is reduced. Furthermore, the reduction of the mass flow leads to an increase of
the slope of the axis of the tip vortex. These two observations confirm previous
investigations performed in this field.

Under near-stall working conditions, the origin of the tip leakage vortex is lo-
cated at the leading edge of the blade. The trajectory of the tip vortex is seen
to stay into the blade passage while remaining quite far from being tangentially
aligned with the plane of the leading edges of the rotor. Furthermore, we can
notice the absence of any backflow from tip clearance flow at the trailing edge of
the blade and of any spillage of the tip clearance flow below the blade tip of the
adjacent blade. This is related to the typical modal stall inception process. This
stall inception mode of this compressor was already pointed out in section [£.3] by
the nearly zero-slope of the total-to-static characteristic at the stability limit.

The effect of the Reynolds number on the wall static pressure field has also been
investigated. This effect is negligible except for a circumferential shift of the blade
position relative to the trigger position due to an increase of the torque at high
Reynolds numbers.

The comparison between the experimental results and the numerical simulations
shows a high similarity. The three noticeable regions identified above are clearly
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visible in the CFD pressure field as well. The position of the low pressure region,
indicating the origin of the tip leakage vortex, is well predicted by the FINE/turbo
code under the various working conditions. Nevertheless the direction of the axis
of the tip leakage vortex in the blade passage presents a steeper slope in the
CFD results, and this under all working conditions. This can be explained by a
difference in terms of tip gap between the CFD simulations and the real tip gap
in the test section.

The influence of a circumferential groove casing treatment on the wall static
pressure field has been investigated. The results show that the casing treatment
has a negligible effect on the flow outside the groove area when the origin of the
tip leakage vortex is located downstream the casing treatment. Under near-stall
working conditions, corresponding to the case where the origin of the tip vortex is
located upstream the treatment, the circumferential groove leads to a reduction of
the slope of the vortex axis with respect to the axial direction, and to a reduction
of the extension of the vortex in the casing wall plane due to a radial displacement
of the vortex towards the hub. These observations are confirmed by the numerical
simulations.

The pressure fluctuation fields, represented by the RMS, give a very good vi-
sualization of the tip leakage vortex. In the RMS, the tip vortex is characterized
by a high unsteadiness level due to the high level of turbulence, and to the high
pressure gradient coupled with the oscillation of the phenomenon. The tip vortex
thus appears as two regions of high unsteadiness corresponding to the sides of the
vortex. On the RMS field, a third region of high unsteadiness, corresponding to
the pressure side of the blade, is visible. The comparison of the RMS fields for the
two casing configurations confirms the effect of the circumferential groove on the
tip leakage vortex path.

The simultaneous presentation of the casing wall static pressure and the total
pressure downstream the rotor allows a visualization of the tip leakage vortex path
in the three dimensions, as well as a visualization of the hub blade separation. In
the measurement plane downstream the rotor, the total pressure field presents
three low-pressure areas. The first appears as a nearly circular area located in
the tip region. This corresponds to the tip leakage vortex core. The second area
extends from the hub to close to the tip and is due to the wake of the blade. The
last area, located in the hub region along the suction side of the wake, is caused
by the flow separation on the suction side of the blade.

In the plane downstream the rotor, the circumferential groove casing treatment
leads to a modification of the position and of the intensity of the tip leakage
vortex core. This modification is only visible under the near-stall conditions as
well. The casing treatment introduces a circumferential displacement of the tip
vortex core towards the adjacent blade of 10% of the pitch at 98% of the blade
height. Furthermore the intensity inside the tip leakage vortex core is reduced by
the presence of the casing treatment. This is confirmed by the CFD results and
by the RMS fields.

Under near-stall working conditions, the low pressure area in the plane down-
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stream the rotor, corresponding to the hub blade separation, grows sharply until
covering 35% of the pitch. The determination of the hub corner stall parameters
introduced by Yu and Liu [I18] shows that the rotor presents a hub corner sepa-
ration at both design and near stall. This very high source of blockage and loss is
considered to be the origin of the instability in the compressor.
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Chapter 6.
Stall Characterization

This chapter focuses on the rotating stall phenomenon occurring in the compres-
sor studied in the present thesis. This study is based on the measurement of the
unsteady wall static pressure at the rotor casing and on the measurement of the
main flow velocity. The specific instrumentation composed of fast pressure sensors
and hot-wires is presented in the first section. The description of the rotating stall
inception process given above evidences that the compressor presents a modal stall
inception with full-span stall cells extending over the entire stage. The evolution
over time of the rotating stall with a cell-splitting phenomenon is described. Fur-
thermore a complete characterization of the rotating stall cells is performed in
terms of number, rotational speed and size of the stall cells.

6.1. Specific Instrumentation

The study of the stall inception and the characteristics of the stall cells is based
on the measurement of the unsteady wall static pressure at the rotor casing, using
fast pressure sensors, and the determination of the velocity variation in the main
flow at different axial and circumferential positions by the use of hot-wires. The
fast pressure sensors are those used for the tip leakage vortex investigation and
presented in Section [5.1.1} For this investigation, we have used three of them,
placed at the same axial position but at three different circumferential positions.
These sensors, called K7, K10 and K11, are located at 15% of the chord upstream
of the leading edge of the rotor blade. In the circumferential direction, the sensors
are located at 0, corresponding to 120deg and 220deg as presented on Figl6.1]
They are thus not equally spaced around the annulus. This particular position-
ing gives the opportunity to investigate the number and velocity of stall cells by
measuring the phase of pressure oscillation.

In addition to the fast pressure sensors, four hot-wires are used for the stall
characterization. All of them are placed at the same circumferential position.
In the axial direction, they are placed at the positions of the four measurement
planes corresponding to upstream stage, upstream rotor, downstream rotor and
downstream stage. The hot-wires are fixed on the radial displacement carriages
presented in Section This arrangement, shown on Figl6.2] allows determining
the radial and axial extension of the stall cells in the test section.
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Figure 6.1.: Axial and circumferential positioning of the fast pressure sensors used
for stall cell detection
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Figure 6.2.: Axial arrangement of hot-wires used for stall cell detection and
characterization

6.2. Stall Inception Process

In order to study the rotating stall inception process, the compressor is brought to
the near-stall operating point (point D) presented in Section This point is the
closest to the stability limit. Then the compressor is progressively pushed to the
unstable regime by closing the throttling valve. When the stall occurs, the valve
position is maintained constant. The signal acquisition from fast pressure sensors
and hot-wires takes place during this operation. Figure [6.3| shows the raw voltage
signal from fast pressure sensor K7 acquired during a stall inception process in
a smooth casing configuration. On this figure, the time axis is given in terms of
rotor revolutions. T'wo different working regimes can be observed. In the first part
of the signal, before revolution 300, the compressor is running at stable conditions.
The variation of the voltage, visible on the figure, is due to the pressure change
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Figure 6.3.: Fast pressure sensor K7 voltage raw signal during stall inception pro-
cess for smooth casing configuration.

over one pitch. Around revolution 300, oscillations of high amplitude appear in
the pressure signal. At this point the compressor comes out of stable operating
conditions and comes in rotating stall. The high amplitude oscillations correspond
to the stall cells.

A zoom on the signal from fast pressure sensors K7, K10 and K11 around
revolution 300 is presented on Figl6.4l This zoom allows a clear visualization of
the stall inception process. The traces from the sensors are plotted one below the
other with respect to their circumferential position, and the signal from sensor
K7 is duplicated at the bottom. This arrangement allows observing the annular
evolution of the stall inception process in function of the time. On this figure some
disturbances in the signal from all the sensors are visible during the twenty last
revolutions before the unstable regime is reached.

Applying a low-pass filter at 30 Hz on the signal allows showing this phe-
nomenon. Figure presents the filtered signal from the three fast pressure
sensors for smooth casing configuration. The disturbances are clearly revealed
by the filtering and appear like modulations superimposed on the pressure sig-
nal. Around revolution 310 the amplitude of these modulations increases abruptly
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Figure 6.4.: Voltage raw signal from fast pressure sensor located at different
annular position during stall inception process for smooth casing
configuration.

to turn into unstable regime with low voltage regions separated by high voltage
peaks. The modulations observed in the signals are presented by Camp et al. [15]
as the sign of the presence of a "modal wave stall inception”. This is coherent
with the behavior of the characteristics of the flow in the compressor under near-
stall conditions. Firstly, the unsteady casing pressure measurements, presented in
Chapter [p| showed the evolution of the tip leakage vortex trajectory as the flow
coefficient is reduced. Under near-stall conditions, this trajectory is still going
well into the blade passage and remains quite far from being in the leading edge
plane. No signs were observed of any backflow from the tip clearance fluid at the
trailing edge or any leading edge spillage of tip clearance flow below the blade tip
to the adjacent blade. Secondly, in chapter 4] the compressor is shown to reach
the stability limit at the zero-slope point of the total-to-static characteristic. Ac-
cording to Tan [106], these behaviors under near-stall conditions are characteristic
for compressors presenting modal wave stall inception.

The unstable regime shown in Fig[6.5]is typical of the compressor rotating stall
phenomenon. The low voltage region corresponds to a high static pressure and
then to a low speed area related to a stall cell. The stall cells are separated by
high speed regions corresponding to low static pressure represented by the high
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Figure 6.5.: Low-pass filtered voltage signals from fast pressure sensors located
at different annular positions during stall inception process for the
smooth casing configuration.

voltage peaks. The plot shows clearly the rotating character of the instability
phenomena. The signals show a phase shift of the modulations and the stall cells
between the various fast sensors. This shift is revealed by the red dotted lines on
the figure. That implies a rotation of these phenomena around the annulus in the
same rotational direction as the rotor. The unstable phenomena occurring in this
compressor are rotating stall and not surge.

Similar measurements were performed for the casing treatment configuration. The
pressure signals from the three fast sensors, low-pass-filtered at 30 Hz, are pre-
sented in Figl6.6] An identical behavior in terms of modal wave stall inception
and rotating stall cells can be observed.

The radial and axial extension of the stall cells can be extracted from the study
of the hot-wires put at different positions in the test section, as presented in the
previous section. This arrangement allows a visualization of the stall inception
process over the entire stage. Figure [6.7] presents the voltage signals around the
stall inception point from the four hot-wires situated at hub for upstream stage
and rotor, and at tip for downstream rotor and stage. The red line indicates the
first pressure variation due to the stall and the green line the first completely
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Figure 6.6.: Low-pass filtered voltage signal from fast pressure sensors installed at
different annular position during stall inception process for the casing
treatment configuration.

formed stall cell. These two events occur on the four traces exactly at the same
time. This implies that, from its inception, the stall cells are full-span stall cells
with an axial extension over the entire stage.

Furthermore, the stall presents a similar pattern over the entire height of the
blade. This is not always the case. For example, Durmusoglu [33] investigated the
stall cell pattern in a low pressure compressor and observed a different behavior
at mid-span and at tip. The author suggests that the stall was more severe at tip.
But this investigation was performed on a compressor with a blade diameter three
times higher than in the work presented in this thesis.

6.3. Rotating Stall Patterns
6.3.1. Stall Cells Time Evolution

During several experiments concerning the rotating stall pattern it was observed
that the behavior of the compressor in unstable regime evolves over time in each
experiment. This pattern was also changing between the various experiments
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Figure 6.7.: Voltage signal around the stall cell inception point from hot-wires.

performed under identical conditions. This is shown in Fig[6.§] where we present
the voltage signals of Kulite K7 for three different experiments. The signal from
each experiment can be divided in three parts belonging to three different operating
regimes. The first part (I) corresponds to the stable regime of the compressor and
stretches over the first second of the signal. In the second (II) and in the third
(III) part, the compressor operates in unstable regime. The difference between
these two parts comes from the variation of the frequency of the rotating stall
phenomenon. This frequency is higher in the third part than in the second.

The difference between the second and third parts shows the evolution over
time of the compressor in unstable regime. In order to determine the nature of
this evolution, Fig6.9] show a zoom on the passage from part IT of the signal to
part I11. In part I1 of the signal, equally-spaced stall cells are clearly visible. In
the transition region, a small cell appears to the right of the main stall cell, as
indicated by the red circle. At the next passage of the stall cells, two cells are visible
side-by-side and begin to move apart from one another. After two supplementary
cell passages the transition is finished and the signal presents similar and equally-
spaced stall cells. The time evolution of the rotating stall is a splitting of the cells.

This phenomenon of variation of the number of stall cells over time has been
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Figure 6.8.: Raw voltage signal from fast pressure sensor K7 for three different
experiments during rotating stall in smooth casing configuration.

observed by several authors for a large range of compressors in terms of rotational
speed, hub-to-tip ratio. This variation can be an increase or a decrease of the
number of stall cells, and this evolution can be divided in several steps. In 1952,
Huppert [57] characterized experimentally the stall cells configurations in a single-
stage axial compressor for various hub-tip ratios. For a ratio of 0.5, the compressor
presented 3, then 4 and finally 5 part-span stall cells. In the case of a hub-tip ratio
equal to 0.8, the compressor moves from a configuration with 8 part-span stall cells
to a single full-span stall cell. Day and Cumpsty [28] studied the impact of the
rotation speed on the stall configuration. They noticed a variation of the number
and the type of stall cells from 4 part-span stall cells to 12 part-span stall cells,
then 1 full-span cell. At intermediate speed the authors observed a configuration
with 1 part-span stall cell developing in full-span cell. In 1996, Poensgen and
Gallus [87] described the process of the passage from a single stall cell to a two-
cell configuration in a single-stage axial flow compressor. This process was also
numerically observed by He [49] on a single blade-row with an evolution from 5 to
7 cells.
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Figure 6.9.: Zoom on the time evolution of the raw voltage signal from fast pressure
sensor K7 in smooth casing configuration.

The variation of the unstable operating regime between the various experiments
can be observed on two parameters. The first is the duration of the second part of
the signal. In experiment 1, this part stretches over about 1.7 sec while it stretches
over around 0.2 sec in the second experiment and 3 sec in the third. The second
parameter is the frequency of the rotating stall phenomena in part I11 of the
experiments. In experiments 1 and 2, this frequency seems to be equal but higher
in experiment 3. The quantitative study of these variations can be performed
using a frequency analysis of the signals through the Fourier and wavelet analysis.

In order to determine the frequency of the different phenomena occurring in the
unstable operating regime, it is necessary to establish the frequency spectrum of
rotating stall. This spectrum is based on a Fourier analysis. This method was
often used for the investigation of rotating stall by i.e. Levy et al. [71], Levy
and Pismenny [70], Gannon et al. [39] and Mailach and Vogeler [79]. The Fourier
transformation for a discrete signal x;, of length N, acquired at a frequency Fi,eq
is defined as (Tropea [109]):

N-1
X, = xke(
k=0

_27%1«71)

(6.1)

where X,, are the complex Fourier coefficients resulting from the Fourier trans-
formation. The power spectral density (PSD) is commonly used to present the
frequency content of a signal. This density is defined for a discrete signal as:

At
PSD(1,) = % N, |* (6.2)

where the time step of the acquisition At and the frequency f, are given by:
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fo= —— withn = 0,1,.,N —1 (6.3)
n=wap Withn =01, .
1
At = 6.4
Fooe (6.4)

A Fast Fourier Algorithm (FFT) is used to calculate the Fourier coefficients.
Thus N must be chosen as N = 2P. The frequency resolution of the FFT is
calculated with the following equation:

1 F
Af = —— =24 .
/ NAt N (6:5)
The highest frequency fq. that can be resolved is equal to:
1 Facq
Jmaz = AL 9 (6.6)

The Fourier analysis makes it possible to present a signal in the frequency do-
main but with a total loss of the time information. The example of experiments
presented on Fig[6.8] shows that the time is an important parameter in the evo-
lution of the rotating stall process. The study of stall cell behavior requires to
determine the frequency of the occurring phenomena, as well as its evolution over
time. The short time Fourier transformation allows a representation of a signal
in the frequency domain in function of the time. This method is based on the
division of the signal in time segments, called windows. The short time Fourier
transformation is performed on each signal segment. This frequency signal anal-
ysis regarding the study of rotating stall process was used by Gannon [39]. The
problematic part of this method is the choice of the time-window’s size. A small
window leads to a good resolution in the time domain but a poor resolution in the
frequency domain and the other way around.

An alternative way is to use a Wavelet transformation (WT) that provides a
good frequency resolution at high frequencies and good time resolution at low fre-
quencies by using a variable window size. The wavelet coefficient of the continuous
WT at scale k and time ¢ is defined as (Lewalle [72]):

Wik0 = Vi [ " w)ak(y — 1) dy (6.7)
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In this equation f(y) is the signal in the time domain and g(z) is the so called
"wavelet” function with z = k(y —t). The wavelet function performs a windowing
of the signal around time ¢ with an expansion parameter k. Equation is a
convolution of the signal f(y) and the wavelet g(z). It means, if the signal is
constant near ¢, that the wavelet coefficient will be zero. If, at ¢, the signal has the
same shape as the wavelet, it will result in a large number of wavelet coefficients.
A very large value of function f in the time domain will imply a large value of
the wavelet coefficients. By changing time t in equation the complete signal
is scanned. The wavelet will dilatate or shrink by varying the parameter k.

Numerous shapes and analytical forms of wavelets can be found in the literature.
Lewalle [72] identifies the admissible conditions for a function to be a wavelet.
Two examples of common wavelet functions used for wavelet transformation are

the ”"Mexican Hat” (Figl6.10) and the complex ”Morlet” wavelet (Figl6.11)).

Mexican Hat Wavelet

Figure 6.10.: Shape of Mexican hat wavelet.

These functions are analytically defined as respectively:

9(2) = (22 = Neap(~2*/2) (6.8)

9(z,20) = (cos 27z + i sin 272)exp(—22%72 ) 23) (6.9)

Choosing the right wavelet is an important decision while dealing with the WT.
For example the Morlet wavelet provides a better spectral resolution than the
Mexican hat, but with a poorer time resolution. In this thesis, a complex Morlet
wavelet is used, because it provides sufficient accuracy in time and frequency
resolution (Lin et al. [74]). We use a spectral density for the presentation of the
results. It is defined as (Tropea [109]):
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Figure 6.11.: Shape of complex Morlet wavelet.

PSD = |W(k,t)| (6.10)

As an example the following intermittent signal is considered:

y=>5 for 0s<t<2s
y=5+sin(6 ) for 2s<t<3s
y=5 for 3s<t<4s
y=b+sin(12 ) for 4s<t<5s
y=5 for 5s<t<6s

y=>5+sin((2r)?) for 6s<t <10s

Figure presents this function in the time domain (above) and the wavelet
map of the signal (below). In this map, the axis of abscissas corresponds to the
time and the axis of ordinates to the frequency. This plot shows that a region of
constant value of the signal results in a zero value of the PSD. After two seconds the
map shows a bright area extending over the time of the sine signal. The frequency
in the wavelet map corresponds to the frequency of the sine wave. The same
behavior is reflected in the second sine signal, however with a higher frequency.
After six seconds, a bright area starts out at nearly one Hz and increases with time,
due to the increasing frequency of the signal. This example shows the possibility
to determine the time-dependent frequency spectrum of a signal allowed by the
wavelet transformation. An investigation of rotating stall and the stall inception
process with a WT is presented in Lin et al. [74], [75] and [76]. Further readings
about wavelet analysis can be found in Lewalle [72].

Regarding the three experiments presented below, the pressure signals were ac-
quired with a sampling frequency of 50 kH z over minimum 15 sec, giving a Fourier
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Figure 6.12.: Intermittent signal (above) and its wavelet transformation (below).

transform maximum frequency of 25 kH z and a frequency resolution of minimum
0.1 Hz. Figure [6.13] and Fig[6.14] show the low frequency part of respectively the
power spectral density and the wavelet transformation of the pressure signals from
fast sensor K7 for the three experiments.

In the case of experiment 1, two frequency peaks at 13.4 Hz and 29.4 Hz are
visible as well as the corresponding harmonics in the PSD. These frequency peaks
and their harmonics are also visible on the wavelet transformation of the signal, in
red for the principal frequencies, and in light blue for their harmonics. The peak
at 13.4 Hz appears to be corresponding to part I of the signal, and the peak at
29.4 Hz to part I1I as defined at the beginning of this chapter.

The PSD of experiment 2 presents a peak at 29.3 Hz as well as a very low peak
between 12 Hz and 16 Hz. With the wavelet map it can be evidenced that the low
frequency at the beginning, corresponding to part I of the signal, corresponds to
the very low peak and the next frequency to 29.3 Hz. The very low amplitude in
the PSD of the frequency peak corresponding to part I1 is due to the very short
duration of this part (about 0.3 sec) in comparison with the duration of the signal
considered for the PSD determination.

Combined examination of the pressure signal, the FFT content and the wavelet
map for Experiment 3 reveal an initial rotating stall frequency of 13.4 Hz. The
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Figure 6.13.: Spectral density of the fast pressure signal for three experiments.

higher frequency of rotating stall occurring at 35.5 sec is 57.1 Hz.

These examples show the importance to combine the two frequency analyses
in order to extract a maximum of information about the unsteady phenomena of
rotating stall from the time signal. The wavelet transformation allows to establish
the time evolution of the frequency of the stall cell as well as to determine all the
frequencies present in the signal. The determination of these frequencies with a
high accuracy is performed based on the PSD. The three examples presented here
correspond to a smooth casing configuration. Experiments have also been done for
the circumferential groove casing treatment and the same time evolution of stall
cell is observed.

6.3.2. Stall Cells Characteristics

The frequency analysis of the pressure signals presented in the previous section
shows a time evolution of the rotating stall regime. This regime can be divided
in two time areas characterized by the frequency of the unsteady phenomena. In
this section the characteristics of the rotating stall cells of the different parts and
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Figure 6.14.: Wavelet transformation of the unsteady pressure signal for three
experiments.

experiments are presented in terms of number of cells, size and rotating speed of
cells.

The determination of the number of stall cells in the compressor is based on the
method suggested in Levy [70]. An idealized signal y of the static pressure in a
compressor during stall can be described as a simple sine function:

y = Asin(wosct + ¢) (6.11)

where A is the amplitude of the signal, w,s. the angular speed of the pressure
variation, ¢ the time and  the phase shift. Figure[6.15]shows the idealized pressure
signals from three pressure sensors located at different circumferential positions.
The signals are spaced out with respect to the annular sensor positions with a
repetition of the signal from the sensor at position 0. A line of constant phase
of pressure oscillation can be added on the plot. This line links the pressure
peak in one signal, corresponding to a stall cell, to the peak in the next signal
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Figure 6.15.: Idealized pressure signals of stall cells from three sensors at different
circumferential locations and line of constant phase of pressure oscil-
lation for a single stall cell on the left and a two stall cells case on
the right.

corresponding to the same stall cell. The non-equal placement of the sensors
around the annulus is essential in order to distinguish the stall cells in case the
number of cells is a multiple of the number of sensors. Following this principle,
the line of constant phase follows the same stall cell through the different sensors.
The time between the crossing of the constant phase line and the pressure signal of
the sensor at position 0 and 360 ° is the time for the complete rotation of one stall
cell tocr. The time of one pressure oscillation tpgc is defined as the time between
two maxima of the signal. Hence, the number of stall cells n can be calculated by
dividing the time of a cell rotation by the time of a pressure oscillation:

n— OB (6.12)
tosc

In the examples presented on Fig[6.15] the number of stall cells determined with
this method is 1 for the example on the left and 2 for the example on the right.

This method is applied to the three experiments presented below in order to
determine the number of stall cells during the various parts of the signals. Figure
6.16] shows the first oscillations of the pressure signals from the three fast sensors
after the stall inception in experiment 1. The signal of sensor K7 is repeated at
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Figure 6.16.: Part II of the fast sensors voltage signals in experiment 1.

the bottom to show the behavior over the full circumference. The arrangement of
the signals along the y axis is proportional to the angular location of the sensors in
the casing wall. The red line corresponds to the constant phase line as described
above. The application of the method of Levy [70] allows determining that the
number of stall cells of the low frequency part (part I7) of the first experiment is:

n—l1CR _ (6.13)
tosc

The pressure signal from the three sensors around the point of frequency shift
in experiment 1 are presented on Fig[6.17 On the left hand side, a single stall cell
configuration is visible. On the right hand side, after the frequency shift occurred,
the number of stall cells is:

n—l1CR _y (6.14)
tosc




“thesis” — 2012/12/11 — 8:48 — page 168 — #182

168 Chapter 6. Stall Characterization
ter=tosc ter=2tosc I
I~
b
o
E b4
©
>
=
9 -
X
Al
i ~
x
| 1 | | 1 1 1 1 |
73 735 74 745 75 755 76 765 77 175 718
Time [s]

Figure 6.17.: Transition between parts I1 and I11 of the fast sensors voltage sig-
nals in experiment 1.

This bears out that the frequency variation appearing in the pressure signals for
rotating stall regime is due to a change of stall cells number. In the previous section
it was shown that this change is caused by a cell splitting. In this experiment,
the compressor passes from a regime with a single stall cell to a stable two stall
cell configuration. This process and the number of cells during the various parts
of the signal are identical in experiment 2 as in experiment 1, except for the time
during the stall inception and the cell splitting, which is shorter.

A zoom on the frequency shift point of the pressure signals in experiment 3 is
presented on Figl6.18| In this case the splitting of the stall cell leads the compressor
from a single cell configuration to a regime with three stall cells.

Once the number of stall cells n and the frequency of pressure oscillation fosc
is determined, the frequency of cell rotation fog is calculated as :

fosc

fer = (6.15)
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Figure 6.18.: Transition between parts I1 and I1I of the fast sensors voltage sig-
nals in experiment 3.

The frequency analysis based on the wavelet map and the FFT in experiment
1 shows a frequency of 13.4 Hz during part Il of the signal. The number of
stall cells during this period is one. It means that the stall cell is rotating with
a frequency of 13.4 Hz. The mean rotational speed of the rotor during rotating
stall corresponds to a frequency of 79.7 Hz. Thus the rotational speed of the
cell is 16.8% of the rotor rotational speed. After the splitting into two cells, the
frequency of the rotating stall is 29.4 Hz, giving a rotational frequency of one cell
of :

29.4 H
for = TZ —14.7 Hz (6.16)

or 18.4% of the rotor rotational speed.

In experiment 2 the single stall cell regime occurs during such a short time that
it is not possible to examine the exact speed of the cell. The frequency during the
two cells configuration is also 29.4 H z, equal to a rotational speed of 18.4% of the
rotor rotational speed.
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Figure 6.19.: Simultaneous signal from static pressure sensor and hot wire under
stall condition.

At the beginning of experiment 3 a single stall cell is rotating at 13.4 Hz. After
the splitting into three stall cells, the frequency of the stall phenomenon is 57.1
Hz. This leads to a stall cell rotational speed of respectively 16.8% and 23.9% of
the rotor rotational speed.

Once the number and the speed of the rotating stall cells is known, the extension
of these cells has to be determined. The voltage signals from a static pressure
sensor and a hot wire probe corresponding to a stall cell are presented on Figl6.19}
As explained before, the calibration curve of the pressure sensors are reversed.
This means that a low pressure voltage corresponds to a high static pressure, and
thus to a low velocity region. The region of low pressure voltage, limited by two
peak of high voltage, corresponding to high velocity, is the stall cell. Indeed, we
can observe on the figure that the region presenting a low voltage in the pressure
signal, presents at the same time a high turbulence in the velocity signal. . This
confirms that this region corresponds to the extension of the stall cell.

The extension of the stall cell is defined as the part of the signal where the static
pressure is higher than the mean value of the static pressure over the complete
analyzed signal. The percentage of circumference covered by one stall cell ¢eopered
is calculated by multiplying the duration of the high value in the signal Atce; by
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Figure 6.20.: Determination of the stall cell extension based on graphical observa-
tion in experiment 1.

the frequency of cell rotation:

¢covered = AtC’ell * fCR * 100 (617)

Fig presents a zoom on one stall cell in the configuration with one (above)
and two (below) cells in experiment 1. These plots allow determining the duration
of the stall cell Atcey. Based on this duration the circumference covered by the
stall cell in the single cell configuration is 79%. In the two cells configuration
the circumference covered by one stall cell is 32.3% and the total circumference
covered by all cells is 64.6%.

The size of the stall cells in experiment 2 and 3 is determined by means of
Fig[6.21] and The observations give in experiment 2, in a two stall cells
configuration, a circumference covered by one cell of 32.3% (64.6% for the two
cells). The circumference covered in experiment 3 is 80.4% for the single cell
regime, and, for the three cells regime, 20.2% for one cell and 60.5% for all cells.

Several experiments have been performed for the casing treatment application
as well. Similar results are obtained in terms of number, rotational speed and size
of stall cells. The casing treatment does not influence at all the unstable regime of
this compressor. This is easily explained by the fact that this compressor is hub
critical and that the unstable regime is initiated by the separation area at the hub
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Figure 6.22.: Determination of the stall cell extension based on graphical observa-

tion in experiment 3.

part of the rotor, as shown in sections and A change of the tip flow by
the use of casing treatment has no influence on this separation process and thus
on the unstable regime.

In part I11 of the signals, the compressor presents an unstable configuration
with multiple full-span stall cells. According to Day [26], this is an unusual con-
figuration. Furthermore, Day declared that in rare cases where multiple full-span
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stall cells are present, these cells are not necessarily equally-spaced or of equal size.
The results presented in this thesis show a multiple full-span stall cells configura-
tion with equally-spaced cells of equal size.

6.4. Conclusion

In the present chapter, we have presented a complete experimental characterization
of the rotating stall occurring in the compressor. The study is based on the
measurements performed with three fast pressure sensors and four hot-wires set
up in a special arrangement. The fast sensors are put in the same axial position
and un-evenly spread around the annulus. They are used for the determination of
the type of the unsteady phenomena and their inception processes, as well as the
characteristics of stall cells. The hot-wires are placed in the same circumferential
position in the four axial measurements planes. This arrangement allows the
specification of the stall cells extension over the stage.

The spatial arrangement of the fast pressure sensors and an adequate plotting
of the pressure signals allow a visualization of the phase shift of the unsteady
phenomena between the various sensors. This shift indicates a rotation of the
phenomena around the annulus, corresponding to a rotational stall and not to
surge. On the pressure signals, low frequency oscillations are visible about twenty
rotor revolutions before the stall inception point, suggesting a modal wave stall
inception process. The spatial extension of the stall cells is determined using the
hot-wire measurements. They indicate full-span stall cells covering axially the
entire stage from the inception point.

An evolution over time of the shape of the rotating stall phenomena is observed
in the pressure signals. This evolution is studied in the frequency domain using
the Fourier transformation and the wavelet transformation of the signals. The
evolution is characterized by a change in the frequency of the unsteady phenomena
and is due to a splitting of the stall cells. A difference in the timing of this evolution
and the frequency change is observed between three tests performed under the
same conditions.

A characterization of the stall cells of three experiments performed in the same
conditions is detailed. This characterization concerns the number and the rota-
tional speed of the stall cells, as well as the circumference of the rotor covered by
these cells. Table [6.1] below gives the results for these three different experiments
as well as for one experiment performed in the casing treatment configuration.

According to Day [26], the stall configuration observed in this compressor is
completely unusual. The results show a stall configuration with a single full-span
stall cell splitting in multiple full-span stall cells with equally-spaced cells of equal
size, rotating at maximum 24% of the rotor rotational speed. Firstly, Day observes
that full-span cells are characteristic of high pressure compressors. In this case,
it is clearly a low pressure compressor. T'wo elements can explain the presence of
full-span stall cells. The first is the very short blade, due to the contra-rotating
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Casing Nr. Exp- | Number of | Cell speed | Covered Covered
config. eriment | stall cells | [%] circumfer- | circumfer-
ence of one | ence of all
cell [%] cells [%]
1 1 16.8 79 79
2 18.4 32.3 64.6
1 _ . -
Smooth || 2 5 154 32.3 616
3 1 16.8 80 80
3 23.9 20.2 60.5
1 16.8 79 79
ot 1 5 154 333 676

Table 6.1.: Summary of the stall cells characteristics in the compressor stage during
tests presenting various behavior, and for the smooth casing and casing
treatment configurations

architecture and the scaling of the test section. The second element is that the
origin of the blade stall is the flow separation located at the hub. And then the stall
extends radially to the tip, covering all the blade height. Secondly, Day observed
that full-span cells are very seldom multiple. And, in the rare cases of multiple
full-span cells, they are not equally spaced or of equal size. And they generally
merge into a single cell. Here, we observe the opposite behavior. A single full-span
cell splits into multiple full-span cells, equally spaced and of equal size. Finally, the
speed of the stall cells observed in this compressor are out of the range described
by Day [27]. In his presentation, Day observed a single stall cell covering 80% of
the circumference and rotating at 32% of the rotor speed. In our case, the single
stall cell covers the same proportion of the circumference but rotates at the half
of that speed. Nevertheless, this very low speed of full-span stall cell has been
observed by Pampreen [85] in the case of high design flow coefficient. The very
large circumference covered by the stall cells induces that the compressor has to
be turned off to escape the stall.

The circumferential groove casing treatment applied to the compressor has no
influence on the rotating stall inception process as well as on the characteristics
of the stall phenomena. This is due to the fact that this compressor’s instability
comes from the separation zone at the hub, induced by the hub corner vortex.
And this vortex is not influenced by a modification of the tip flow due to a casing
treatment.
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Conclusions and Perspectives

7.1. Conclusions

This work presents the results of a complete investigation of a single stage low pres-
sure compressor. This compressor is representative of the first stage of a booster
typical of the new contra-rotating turbofan and characterized by unusually high
load- and flow coefficient, and low aspect ratio. The number of references concern-
ing the low-pressure compressors is very limited. And, to date, they is no literature
about the low-pressure compressors of contra-rotating turbofan architecture. This
thesis represents thus a reference basis about this topic.

The overall performance of the compressor as well as of the rotor alone is pre-
sented for various operating conditions from choke to near stall. The study of the
compressor stage has been completed at two Reynolds numbers, corresponding
to the cruise and the take-off conditions. A description of the three-dimensional
unsteady secondary flows present in the rotor, as well as their impact on the flow
blockage in the rotor row is given in this thesis.

The phenomena of instability occurring in the compressor stage are presented in
terms of origin, inception mode, unsteady behavior and geometrical characteristics.
The type of instability observed in the compressor is related to various indications
in the performance of the stage.

The effects of a circumferential groove casing treatment on the overall perfor-
mance and on the stability of the compressor stage, as well as on the unsteady
flow field in the rotor, have been described.

The experimental results are compared to numerical simulations performed with
various codes and turbulence models. This comparison has been made on the
overall performance of the stage and of the rotor, as well as on the effect of the
casing treatment and the Reynolds number. This allows validating the use of
the CFD in the design of this type of unconventional compressors and of casing
treatments.

Compressor Performance and Flow Characteristics The low-pressure compres-
sor considered in this work has been designed for the new contra-rotating turbofan
architecture. The determination of its global performance and of the phenomena
occurring in the compressor is fundamental. Various instruments and special post-
processing procedures were used in the frame of this work. Due to the very small
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size of the blades, a special set of steady and unsteady miniaturized probes was
used. The data processing programs were developed for this application, including
the phase lock averaging and the interpolation methods.

The global performance is derived from the measurement of the conditions up-
stream and downstream of the stage. Upstream, the turbulence level is between
1.25% near the hub up to 2.5% at 80% of the blade height. Above 80%, the tur-
bulence level is highly influenced by the instrumentation. The radial distribution
of the total pressure at the inlet of the stage presents a displacement thickness at
tip seven times higher than at hub, due to the inlet geometry of the compressor.
Downstream the compressor, a large low pressure region along the suction side of
the blade is visible. This is caused by the corner vortex secondary flow. Under
cruise conditions, the reduced mass flow of this compressor is 0.086 at choke, 0.077
at design, and 0.053 near stall. The pressure ratio of this compressor stage goes
from 1.101 at choke and near stall to 1.127 at design, for an efficiency of 67.7%
at choke, 80.8% at design, and 73.8 near stall. The stall margin, based on the
reduction of the reduced mass flow and the pressure ratio, is about 30%. The
total-to-total pressure ratio as a function of the mass flow shows a peak at design.
The reduction of the pressure ratio near stall is caused by the development of
a pressure defect region due to the hub corner stall. This performance trend is
characteristic of the hub loaded compressors.

The performance of the compressor has been investigated under two pressure
conditions, representing the cruise and take — of f conditions. This allows in-
vestigating the effect of the Reynolds number on the performance and the flow
characteristics. The measurement at high Reynolds number shows reduced mass
flows passing through the stage at the various working points identical as under
cruise conditions. In terms of pressure ratio and efficiency, a higher Reynolds num-
ber leads to an increase of the performance. This is explained by the stabilization
effect on the boundary layer by the increase of the Reynolds number.

The investigation of the unsteady phenomena occurring in the rotor required
specific instrumentation characterized by a fast response and a high level of minia-
turization. The unsteady casing wall static pressure and the total pressure down-
stream the rotor were acquired simultaneously for the various working and pressure
conditions. In the casing, the measurements were performed by the means of in-
serts placed between 45% upstream the leading edge and 45% downstream the
trailing edge. A phase lock averaging procedure, based on the one-per-revolution
trigger, was developed and applied to the unsteady pressure signals in order to de-
termine the mean pressure distribution over one pitch and the fluctuation around
this mean value (RMS). Then, the pressure traces at the different positions were
used to interpolate the pressure fields. Due to the low resolution in the axial di-
rection, the interpolation direction has a very important influence on the result
of the interpolation. After investigation, a specific direction was imposed for the
different region of the measurement in order to match the flow. This procedure
was applied to both the unsteady casing wall static pressure and the total pressure
downstream the rotor.
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The use of the simultaneously acquired unsteady casing static pressure together
with the rotor exit pressure gives a very good visualization in three dimensions
of the tip leakage vortex and allows determining its origin and extension path.
From choke to near stall, the origin of the vortex is moving towards the leading
edge and the slope of the vortex axis is increasing, as already observed in several
investigations on this field.

The unsteady total pressure field downstream the rotor shows a large low pres-
sure area located along the suction side of the blade in the hub region. This is
due to a flow separation on the suction side of the blade. Near stall, this separa-
tion area covers 35% of the pitch. This very high source of blockage and loss is
considered as the origin of the instability in the compressor.

Instability Phenomena The reduction of the mass flow passing through a com-
pressor can create instability phenomena called rotating stall and surge. In the
case of the compressors of an aircraft engine, the back flow resulting from these
phenomena can lead to the destruction of the compressors by the passage of hot
gas from the combustion chamber. A complete comprehension of the phenomena
of stall and surge occurring in a compressor is fundamental for safety reasons. The
stall and stall inception process occurring in this compressor have been completely
characterized. The evolution of the unstable regime was described by means of
the wavelet analysis, allowing the observation of a phenomenon in the temporal
and frequency domain together.

Measurements of unsteady static casing wall pressures at various circumferen-
tial positions show a rotating stall as unstable regime. The unsteady pressure
traces show that the stability limit is preceded by long wavelength disturbances,
corresponding to the typical modal stall inception process. This inception mode
is confirmed by the fact that the stability limit of the compressor is reached at
or close to zero-slope of total-to-static characteristic [I06]. Furthermore, the fact
that the trajectory of the tip leakage vortex close to the stability limit remains
in the blade passage is another criterion for modal stall inception. The inception
mode can be linked to the fact that, in this highly hub loaded compressor, the
stall is caused by a large separation area at the hub of the blades. The presence
of a blade stall is supported by the determination of the Greitzer criterion [43].

The rotating stall observed in the compressor is characterized by full-span stall
cells extending axially over the complete stage. Starting with a single stall cell,
the stall configuration evolves in time by the splitting of the cell in two, three or
four cells. The stall cells configuration observed in the compressor is completely
unusual. According to Day [26], the full-span cell, characteristics of a high pressure
compressor, is single. In the rare cases of multiple full-span cells, they are not
equally spaced or of equal size. And they generally merged into a single cell. In
this case, one single full-span cell splits into multiple full-span equally spaced cells
of equal size. The very low speed of the single stall cell, 17% of the rotor speed for
80% of the circumference covered, was already pointed by Pampreen [85] in the
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case of high design flow coefficient.

Casing Treatment Effects The effect of a 3x1 mm circumferential groove casing
treatment, located at 15 % of the axial chord, on the compressor performance and
on the flow field at the rotor tip has been investigated. This effect is negligible
on the performance calculated at mid-span, meaning that the casing treatment
does not provide an improvement of the stability margin of the compressor. This
confirms the non effectiveness of casing treatments on compressors presenting a
blade stall observed by Greitzer [43] and Houghton [54], and is caused by the fact
that this compressor is hub critical.

Nevertheless, an increase of the mass flow and of the pressure ratio due to
the casing treatment is observed at the stability limit operating point on the
performance calculated from the complete mapping at the outlet of the stage. This
is caused by a reduction of the blockage created by the tip leakage vortex in the tip
region. This is showed by the mapping of the casing wall static pressure and the
total pressure downstream the rotor. The reduction of the blockage corresponds
to a reduction of the main flow/tip vortex interaction represented by the RMS
amplitude. The presence of the circumferential groove leads to a circumferential
displacement of the tip leakage vortex core as well. These two effects of the casing
treatment on the flow field are only visible close to the stability limit, when the
origin of the vortex is located upstream the casing treatment.

CFD Confidence The experimental results have been compared to numerical
simulations performed with two CFD codes, FINE and elsA. In the case of the elsA
code, three different turbulence models have been used, k—e¢, k—w and k —[. The
inlet and outlet conditions imposed for the simulations were the values measured
in the compressor stage.

The simulated global performance shows a relatively good agreement with the
experiments. Nevertheless, the CFD codes do not allow simulating conditions close
to the stability limit due to the fact that at these conditions the flow is mainly
driven by unsteady phenomena which are hard to capture with steady RANS
simulations. Furthermore, an over-estimation of the pressure ratio and an under-
estimation of the efficiency is caused by the difference between the geometry of the
real test section and the ideal domain considered by the CFD. The results from
the three turbulence models used with the elsA code present discrepancies larger
than the experimental uncertainty. The k—e model presents the best compromise
in terms of performances predictions.

The simulation of the performance of the rotor alone and the unsteady flow
field around the rotor fits very well with the experiments. The tip leakage vortex
extension and behavior is very well captured by the CFD. The development of the
hub corner stall is very well simulated as well.

The two codes used for CFD calculation running with the same turbulence model
show opposite influence of the casing treatment on the global performance of the
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compressor. Furthermore, this influence is lower than the difference between the
performance calculated by the three turbulence models with the elsA code. This,
and the very important discrepancy between the performance calculated with the
same code and various turbulence models, mean that great care is required when
making decisions based on CFD.

7.2. Perspectives

This work presents a large part of the characteristics of an unusual design of
a low pressure compressor, including the performance, unsteady flow structure
and unstable regime. Nevertheless, additional works are needed to have a full
understanding of this compressor and the related phenomena. These additional
works concern mainly the method used for the interpolation of unsteady casing
pressure traces, the acquisition of the unsteady pressures, and the determination
of the efficiency.

The efficiency of the compressor considered in this thesis is the isentropic effi-
ciency based on flow characteristics measured at the inlet and the outlet of the
stage. Another method for the determination of the efficiency is very often used
in the industry. This method is the determination of the mechanical efficiency by
measuring the work passing through the shaft and the work effectively performed
by the compressor. The difference between the isentropic and the mechanical ef-
ficiencies is the loss in the bearings and the aerodynamic loss around the rotating
disk in the core of the compressor. These losses can be determined by measuring
the work through the shaft when the compressor is rotating under vacuum for the
bearing loss, and when the compressor is running under design pressure conditions
without the compressor blades for the aerodynamic loss due to the rotating disk.

The investigation of the tip leakage flow structure and the stall is based on the
measurement of the unsteady casing static wall pressure. In order to protect the
expensive unsteady pressure sensors and to limit the sensing area of these sensors,
the sensors are placed in an insert. This configuration leads to the presence of a
cavity in front of the sensor. The exact effect of this cavity on the measurement
in terms of phase and signal amplitude is currently not fully known and should be
investigated in detail.

The stall phenomena occurring in the compressor are investigated by means
of only three unsteady pressure sensors located in the casing while eleven were
available. This comes from the limitation of acquisition power and the necessity of
long acquisition times at high frequency for the stall investigation. Nevertheless,
the acquisition of all the unsteady pressure sensors, covering 190% of the blade
chord, during the passage from stable to unstable regime could give important
information about the development of the stall cells.

The effect of the IGV and stator on the unsteady pressure measurement in
the casing and downstream the rotor have been completely neglected. But this
effect can be non-negligible, especially if the sensor for the measurement of the
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casing static pressure is located in the wake of the IGV. The investigation of the
importance of this effect should be performed by measuring the unsteady pressure
field for various stators positions.

The interpolation method used for the determination of the unsteady pressure
field around the rotor should be improved. Indeed, if the interpolation method
developed and used in this work gives satisfactory results, the choice of the inter-
polation direction is manual. This means a human interpretation of the results
that can be wrong, leading to a wrong pressure field. An automatic procedure
should be developed to skip the human intervention. This new procedure could
be based on the Essentially Non-Oscillatory (ENO) or Weighted Essentially Non-
Oscillatory (WENO) schemes [47] [59] [77]. These finite difference schemes, based
on the adaptation of stencils in order to achieve high order accuracy, and on a
non-oscillating property near discontinuities, give very good results for the inter-
polation of complex structures. Finally, the determination of the direction of the
interpolation should be based on the RMS traces. Indeed these traces give a more
accurate location of the various phenomena present in the flow.

Finally, a last point that requires some additional work and investigation is
the numerical simulations. Indeed, the results of the computation with various
codes and turbulence models show very high discrepancies. The importance of
the influence of the turbulence model on the results has been highlighted by using
various models with the same solver and the same mesh. The investigation on
this influence should be completed by a comparison of the entropy maps in order
to determine the origin of the difference between the models. Also, the influence
of the geometry, the mesh, or the solver has not been investigated in this thesis.
This should be done in a future numerical work.
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Uncertainty Calculations

A.1. Thermocouple probe uncertainty
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A.2. Three-hole probe uncertainty

Yaw angle uncertainty The determination of the yaw angle is based on the
relation between the angle and the Ky, coefficient. As it can be observed on
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Fig[417] this relation can be considered as linear in a given angular range:

a=C1Kygw = Cl% (A.6)
where
Q=F.— @ (A.7)
and
@ = (A[A(jaw)calib (A5

From this relation, the uncertainty on the flow angle can be calculated using
the equation:

2 2 2
o = \/ (Pgse) + (Gorn-rw) + (-a5™0) (a9

From the definition of the angular sensitivity the uncertainty on C; is
determined using the equation:

50 = L sa 2+ RGN AN (A.10)
PV AR, o AK?2 yaw '

yaw

In this equation, the uncertainties dAa and A K4, are respectively twice the
uncertainty on the angular positioning dor and the calculation of the Kyq,, dur-
ing the calibration. The angular positioning uncertainty is equal to 0.01°, hence
0Aa = 0.02. The value of the uncertainty on the Kyq., based on its definition

is given by:

5K — ¢ (Ssri-ra) « (FP050)

Finally the uncertainties ¢ (P, — Pr) and Q) are expressed by:

0 (P, — Pr)=0Py 4+ 6Pr (A.12)
P, 4P
5Q = 0P, + % + 5TR (A.13)

And the uncertainties on the pressures 6 P., § P;, and § Pr are calculated following
the method described in section BTl
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Mach number uncertainty The Mach number is function of the flow angle o and

the KMach:
M = f (a, KMach) (A14)
The uncertainty on the Mach number is determined by:
5M =/ (OM)2 + (5M)%,., (A.15)

where (0M),, is the uncertainty on the Mach number due to the uncertainty on
the flow angle o and (JM) K., the uncertainty due to the uncertainty on the
KMach~

The (0M),, is calculated as the maximum variation of the Mach number caused
by the variation of the angle « :

abs (f (o, Karacn) (a+da, Knracn))
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with d Kpsqcn equal to:
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with (6K arach) and (0K rrach)eqip Siven, from equation by:
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where P., P;, and Pg are the pressures measured during the static calibration for
(0K Mach) oqiqp, @a0d during the test campaigns for (6K aracn) and 0 P,, 6 P, and
J PR their uncertainties as defined in section 1.1}

meas’

Total pressure uncertainty From equation the total pressure can be ex-
pressed by:

(A.20)
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2

Then the uncertainty on the total pressure is given by:
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The uncertainty d K, is divided in two terms, corresponding to the uncertainty
ascribable to the uncertainty on the flow angle o, 0 K70t aipha, and to the uncer-
tainty on the Mach number M, 6 Krot prach. These two terms are defined as the
maximum variation of K1, due to the flow angle or Mach number uncertainty.
The calculation of these terms is done following the same procedure as for the
(0M),, presented in the previous paragraph. And K7 is given by:

5KTot - \/(5KTot,alpha)2 + (5KTot,Mach)2 (A22)

Static pressure uncertainty The static pressure can be expressed by:

PL—PR>

> (A.23)
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and its uncertainty by:

K 2 K 2
6P, = [ (6P)? + (Q0K pyn)® + (KpyndP.)* + <L;W5PL> T (m5PR>

2
(A.24)
The uncertainty on 6K py, is determined using the same approach as for the
uncertainty on d K7 set out in the previous paragraph.
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Appendix B.

Unsteady casing wall static pressure fields at
choke conditions
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Figure B.1.: Experimental (left) and numerical (right) casing static pressure field
for smooth casing (top of the figures) and casing treatment configu-

ration (bottom of the figures) under choke working conditions (point
C)
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Figure B.2.: Simultaneous visualization of the experimental pressure field in the
planes of the casing and downstream the rotor, under choke working
conditions for a smooth casing (top) and casing treatment (bottom)
configurations
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Figure B.3.: Simultaneous visualization of the numerical pressure field in the
planes of the casing and downstream the rotor, under choke working
conditions for a smooth casing (top) and casing treatment (bottom)

configurations
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